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This thesis presents a study of open cycle desiccant air condi-
tioning systems. Traditional desiccant ventilation and recirculation
cycles are reviewed and two advanced desiccant cycles are presented.
The advanced cycles employ sensible air coolers in place of direct
evaporative coolers.

Variants of indirect evaporative coolers are presented and per-
formance relations and characteristics are formulated. The two most
promising coolers are a staged indirect evaporative cooler and a
combination cooling tower/heat exchanger.

The various desiccant cycles are simulated for an entire
Madison, Wisconsin cooling season when coupled to typical commercial
building zones. Histograms of regeneration temperature and thermal
COP are presented.

Commercial users of potential desiccant cycles are identified
and their total energy expenditure for air conditioning purposes is
determined.

An economic life cycle cost comparison is made between the
desiccant cycles and a conventional vapor compression air condition-
er. Allowable first costs for desiccant systems per ton of installed

cooling capacity are calculated. Over the range of zone loading
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conditions, the desiccant cycles are cost competative with vapor com
pression equipment.

Estimates of the potential reduction in electrical energy demand
and the increase in natural gas sales seen by Wisconsin Power and
Light as a result of the possible installation of desiccant systems

are made.
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CHAPTER 1: INTRODUCTION

There is a growing concern among power utilities to more fully
understand where the energy they produce is going and for what pur-
poses it is being used. It is vital for these utilities to keep
abreast of trends and new technologies that are developing within
their territory since these developments could alter their plans for
future growth. Wisconsin Power and Light is one such concerned uti-
Tity. WPL serves one-third of Wisconsin's geographical area and
annually sells in excess of 5500 GW-Hours of electrical energy to
over 326,000 customers. In an attempt to keep pace with new tech-
nologies, WPL is funding various projects to determine the feasi-
bility of some of these new technologies. Information gained from
these studies aids decision makers in determining how their utility
demand may be altered in the future.
| Desiccant air conditioning is one such technology that has shown
some potential for effecting power utilities energy use and demand.
Desiccant air conditioning systems were first proposed by Dunkle in
1965. These cycles use solid rotary desiccant dehumidifiers to de-
humidify supply air and heat exchangers and evaporative coolers to
cool that dried air. These systems used solar energy as a replace-
ment for the conventional vapor compression machine. Simulation
studies at the University of Wisconsin have been aimed at evaluating
the potential of these desiccant systems. Nelson [1976] and Jurinak

[1982] have simulated these systems in hot, humid weather regions.



Recently, Maclaine-cross and Kang [1985] have proposed and studied a
new generation of desiccant cycles in ARI design point computer simu-
lations. These cycles utilize a combination cooling tower/heat ex-
changer air cooler and initial results indicate that these new
coolers boost cycle performance considerably.

The common denominator between all of these desiccant systems,
basic or advanced, is their use of thermal energy in place of
electrical energy. The conventional vapor compression unit, tradi-
tionally mechanically driven, is replaced with open cycle dehumidi-
fying and evaporative cooling. These desiccant systems therefore
have the potential of shifting energy demand from the high grade
electrical energy to the lower grade thermal energy of natural gas.
Because air conditioning operations consume approximately 4% and 7%
~of the total energy supplied to residences and commercial users in
Wisconsin, respectively, there is a significant block of energy in
WPL's territory which has the potential for shifting from electricity
to natural gas.

The specific objectives of this thesis are the following:

1) Evaluate the potential impact desiccant air conditioning systems
may have on WPL's utility demand.

2) Determine the magnitude of the possible reduction in electrical
energy usage and the corresponding increase in natural gas sales.

3) Identify and/or develope desiccant air conditioning systems that

are suitable to Wisconsin climate and identify the customers in



Wisconsin Power and Light's territory that would be most
targetable for such systems.

4) Evaluate the economic feasibility of these systems impacting on
the Wisconsin energy market.

To achieve the above objectives, the following information is
discussed in the balance of this thesis. In Chapter 2, the funda-
mentals of both vapor compression and desiccant air conditioning are
reviewed. Here, both the dehumidification and the regenerative
evaporative cooling processes are discussed. Chapter 3 follows with
a discussion of direct and indirect evaporative cooling and a look at
new sensible air coolers targeted for desiccant air conditioning
systems. In Chapter 4, these ‘new air coolers are incorporated into
the traditional desiccant cycles and results from ARI design point
computer simulations are examined. The specific component models
used in the TRNSYS simulation models are discussed in Chapter 5 and
then results for season simulations of an advanced and a classical
desiccant cycle are presented in Chapter 6 for Wisconsin weather
data. Finally, Chapter 7 presents economic comparisons between con-
ventional vapor compression units and a variety of desiccant cycles.
Predictions are then made regarding possible energy reduction and
shifts in sold energy. Conclusions are drawn and recommendations are

made for further research in Chapter 8.



CHAPTER 2: INTRODUCTION TO DESICCANT AIR CONDITIONING SYSTEMS

Conditioning the air in a building zone involves two fundamental
processes. The first is the removal of moisture from the zone air
and the second is the sensible cooling of the zone air. To meet an
air conditioning load, air must therefore be supplied at a state
cooler and drier then that of the conditioned space. Equations
(2.0.1) and (2.0.2) are equations used to calculate the air state

required of the supply stream.

/( (2.0.1)

“supply ~ “zone Q1atent msupp]y*hfg)

= h )/m (2.0.2)

zone ~ ‘Qatent * Qsensible

hsupply supply

Figure 2.0.1 illustrates on a psychrometric chart a typical zone air
state and a supply air state required to meet the combination of
sensible and latent loads on the zone. The dashed line that runs
between these two state points is called the Load Line. Any supply
state lying on this line would provide the correct proportion of
sensible and latent cooling required to exactly balance the total
zone load. As is indicated by Egs. (2.0.1) and (2.0.2), the larger
the supply air flow rate, the smaller the required enthalpy differ-
ence required across the supply and return air streams and the
shorter the Load Line will be. The latent enthalpy difference, de-

picted in Fig. 2.0.1 as AHqy,4, is that portion of the total cooling
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Figure 2.0.1 Sample zone and supply states. Illustrates

Load Line and latent and sensible air

conditioning components



load required for moisture removal. The enthalpy difference, AHsen’
is that portion of the total enthalpy difference across the supply
and return air streams attributed to sensible cooling. The ratio of
the required latent cooling to total cooling load is defined as the
Latent Load Ratio (LLR). The values of LLR range from 0 to 1.0 where
1.0 corresponds to a 100% latent air conditioning load.

The conventional means of conditioning a building zone is with a
vapor compression machine as illustrated in Fig. 2.0.2. A vapor com-
pression machine is composed of four primary components; an evapo-
rator, a compressor, a condenser and an expansion valve. In oper-
ation, the working fluid, usually a freon refrigerant, enters the
evaporator as a mixed-phase fluid (F1) and exchanges energy with the
warmer zone supply air (Al). Here, the refrigerant changes phase and
exits as a saturated vapor (F2) while the zone supply air is cooled
and dehumidified (A2). In order to reuse the vaporized refrigerant
that exits the evaporator, it must be recondensed. The freon is
therefore compressed to a higher pressure (F3) where its boiling
temperature is above the temperature of the cooling medium available
for condensing purposes. After the refrigerant is condensed in the
condenser, (F4), it is throttled through the expansion valve to the
evaporator pressure and the cycle is repeated.

A vapor compression machine is inherently just a sensible cool-
ing device. As air blows past the evaporator its temperature is re-
duced at constant humidity ratio. To dehumidify the supply air, the

vapor compression machine must chill the air below its dew point
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temperature and then cool the air at constant 100% relative humidity
to the required supply humidity ratio. For supply states that lie
away from the saturation line, a final reheat process may be required

to reach the final supply temperature.

Section 2.1: The Desiccant Dehumidification Process

Studying Figs. 2.0.1 and 2.0.2 would suggest that an alternative .
approach to conditioning the supply air would be to first dehumidify
the air to the required supply humidity ratio and then somehow cool
the air to its supply temperature. A desiccant could perform the
dehumidification required of this alternative air conditioning proce-
dure. A desiccant is any drying agent that adsorbs moisture when in
contact with moist air. Silica gel and activated carbon are two
examples of desiccants often used in dehumidification processes.

The dehumidification process, as shown schematically in Fig.
2.1.1, is an approximately constant enthalpy process [Jurinak; 1982]
where the heat of adsorption is released into the air stream result-
ing in an increase in air temperature. The reduction in the latent
air conditioning load is therefore associated with an increase in the
sensible cooling load. Because there is a finite amount of moisture
that can be adsorbed on the desiccant surface, the desiccant must be
periodically regenerated. For this reason, dehumidifiers are often
constructed in a rotary configuration as seen in Fig. 2.1.1. With
this design, air enters the dehumidifier at state 1 and is dried and

heated to state 2 as it flows in the axial direction through the
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dehumidifier. The moist desiccant material then rotates through the
hot regeneration Stream and is purged of the previously adsorbed
moisture. The hot regeneration air in Fig. 2.1.1 enters at state 3
and exits at state 4, wet and cool. Because the regeneration stream
does not always originate from a source that is hot enough to purge
the desiccant, it is usually necessary to add thermal energy to the
regeneration air with a heater. This heat addition warms the air from

state 1 to 3.

Section 2.2: Regenerative Evaporative Cooling

An alternative air cooling device used in dry and temperate cli-
mates is the regenerative evaporative cooler. A schematic diagram of
this cooler is illustrated in Fig. 2.2.1. This cooler is an alterna-
tive to vapor compression air conditioning in regions where dehumidi-
fication is not required. This process uses a sensible air/air heat
exchanger and two direct evaporative coolers (See Section 3.1). In
this cycle, exhausted zone air at state 4 is cooled and humidified at
nearly constant enthalpy to state 5. This cooled air is used as a
heat sink for the inlet air at state 1 that is sensibly cooled to
state 2. Further cooling is available from the second direct evapora-
tive cooler and air exits from this device at the zone supply state,

3.
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Section 2.3: Classical Desiccant Air Conditioners

In most climates encountered in the United States, building air
conditioning requirements have both latent and sensible components.
In these regions, the regenerative evaporative cooler of Section 2.2
may be combined with the desiccant dehumidifier of Section 2.1 to
form a machine capable of handling a total (latent and sensible) air
- conditioning load. Such an air conditioner is a complete substitute
for the conventional vapor compression air conditioner discussed
earlier.

The classical desiccant air conditioning cycle was first pro-
posed and studied by Dunkle [1961] and later studied by Nelson [1976]
and Jurinak [1982]. A schematic diagram and process representation
of this air conditioning system is illustrated in Fig. 2.3.1. This
particular desiccant cycle operates in a ventilation mode where only
fresh air from the ambient is processed through the dehumidifier. In
this cycle, ambient air at state 1 is dehumidified and heated to
state 2. The state 2 air is then sensibly cooled in the rotary heat
exchanger and uses the evaporatively cooled zone exhaust air as its
heat sink. The process air is further cooled to the required supply
state with the second direct evaporative cooler for use in the zone,
state 5. On the exhaust side of the cycle, the evaporatively cooled
zone air is sensibly heated to state 7. The exhaust air is further
heated in the heater to state 8 where it is then delivered to the

dehumidifier at the required regeneration temperature.
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The cycle just described may also be configured in a recircula-
tion mode as illustrated in Fig. 2.3.2. The major difference between
the ventilation and the recirculation cycle is the origin of the air
that is passed through the dehumidifier. The recirculation cycle
reprocesses the zone air through the dehumidifier instead of intro-
ducing fresh ambient air. The regeneration stream for the recircu-
lation cycle originates from the ambient whereas the ventilation
cycle uses zone exhaust air.

When these <cycles are simulated at American Refrigeration
Institute (ARI) design conditions (Ambient: 35°C, 0.0142 kg/kg;
Zone: 26.7°C, 0.0111 kg/kg), the resultant COP's based on thermal
energy input for the ventilation and recirculation cycles are 0.77

and 0.54, respectively.

Section 2.4: Differences Between Vapor Compression and

Desiccant Air Conditioning

There are several differences between desiccant and vapor com-
pression air conditioning. The first difference is the type of ener-
gy requirea to power these cycles. A vapor compression machine uses
high grade electrical energy to power the freon compressor. A
desiccant machine uses thermal energy to regenerate the desiccant ma-
terial. Because desiccant cycles use lower grade thermal energy,
these cycles could be powerea by waste heat, solar energy or natural
gas. In regions where thermal energy sources may be less expensive

then electricity, desiccant cycles may be competitive with the higher
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performance vapor compression air conditioner. Further, the desic-
cant cycle may be less expensive to operate during dry periods when
the cycle uses the free cooling provided by the regenerative evapora-
tive cooler. Finally, the desiccant air conditioning cycles tend to
be more complex than the vapor compression cycles due to the higher

number of system components.
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CHAPTER 3: SENSIBLE AIR COOLERS FOR USE IN DESICCANT CYCLES

The standard ventilation and recirculation desiccant air condi-
tioning cycles discussed in Chapter 2 use direct evaporative coolers
to cool the process air after it exits the dehumidifier. The evap-
orative cooling process is the exact opposite of the dehumidification
process; instead of drying the air, it injects water into the air
stream in a nea}1y constant enthalpy process (See Section 3.1). This
injection of water into the dried process stream is therefore
counter-productive since the dehumidifier must overdry the process
air to allow for future humidifying in the direct evaporative cooler.

It would be beneficial to develope and use air coolers in desic-
cant air conditioning cycles that do not humidify the process air as
it is cooled. The use of such sensible air coolers would enhance the
overall system performance by decreasing the amount of drying re-
quired by the dehumidifier. This chapter, therefore, reviews direct
and indirect evaporative coolers and explores new sensible air

coolers targeted for use in desiccant air conditioning systems.

Section 3.1: Direct Evaporative Coolers

A direct evaporative cooler (DEC) is an air conditioning device
used to cool and humidify air [ASHRAE Equipment Guide, 1983]. Direct
evaporative cooling involves the process of evaporating water into an
air stream. Throughout this process, air and water are in direct

contact and both heat and mass are exchanged. Figure 3.1.1 shows a
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schematic representation of a direct evaporative cooler along with
the process representation on a psychrometric chart. A direct evapo-
rative cooling process is seen to be a constant wet bulb temperature
process. This process is also very nearly a constant enthalpy pro-
cess. From Fig. 3.1.1, an effectiveness model may be defined to de-

scribe the performance of a DEC.

T, ., ( |
e = 3.1.1
DEC ~ Ty = Tober

This effectiveness measures the extent to which the air exiting the
evaporative cooler approaches the wet bulb temperature of the enter-
ing air stream. Since a line of constant wet bulb temperature is
linear on the psychrometric diagram, Eq. (3.1.1) may also be written

in an equivalent form as:

€pec = ——— (3.1.2)

Evaporative cooling of an air stream presents an energy trade-

off since a DEC exchanges a reduction in sensible energy (tempera-

ture) with a corresponding increase in latent energy (humidity). A

direct evaporative cooler never reduces the total load on an air
stream; it merely exchanges one form of the load for another.

The most commonly used type of DEC in air conditioning practice

is fhe wetted media air cooler. This air cooler uses wetted evapora-

tive cooler pads through which the process air is blown. A pumped
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water distribution system recirculates the sump water so that the
evaporative pads are always evenly soaked. In steady-state operating
conditions, the water recirculation 1loop reaches an equilibrium
temperature equal to the wet bulb temperature of the inlet air.
Figure 3.1.2 shows a plot of air and water temperature in a DEC as a
function of the time that the air and water are in contact. This
figure further illustrates the effectiveness model described by Eq.
(3.1.1). In typical operation, this effectiveness is usually 0.8,
however variations in pad face velocities and water flow rates may
alter the system's performance.

Simple direct evaporative coolers are being manufactured today.
They are used in temperate climates where the ambient wet bulb
temperatures are usually lower than that required by the supply air
stream. In the United States, these air coolers are typically used
in the drier and warmer south-western states.

The only operating cost associated with DEC systems is due to
the parasitic power required to operate fans and pumps to recirculate
water. Supplying make-up water may also be a factor in operating
cost in regions where water is relatively expensive. Typical water
consumption rates are approximately 2.5 ml/sec per m3/sec of air flow

per 5°C of air temperature drop.

Section 3.2: Indirect Evaporative Coolers

An indirect evaporative cooler (IEC) is an air conditioning de-

vice that sensibly cools process air without increasing the absolute
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humidity ratio of the air [ASHRAE Equipment Guide, 1983]. A sche-
matic diagram and process representation of an IEC is shown in Fig.
3.2.1. This process uses two separate air streams that never mix or
come in direct contact. One stream, the "wet stream", goes through
an evaporative cooling process and is cooled and humidified to state
3. The second stream, the "process stream", passes through a sensi-
ble air/air heat exchanger and uses the cool, wet stream as its heat
sink. The process stream is therefore cooled to state 2 and the wet
stream is heated to state 4.

The cooling process involved in an IEC is a function of the
effectiveness of both the evaporative cooling and the heat exchange
process. The effectiveness of the cooling and heat transfer pro-
cesses are, in turn, functions of the size of the units, and the
relative flow rates of the wet and process air streams.

The indirect evaporative cooling process requires no energy
input besides that required to overcome fan and water pumping power.
Coefficients of performance (air cooling benefit/energy input) for
these systems therefore tend to be very high (see Section 3.3).

An IEC, however, is not without its limitations. At best, a
single IEC can only cool process air down to the wet bulb temperature
of the wet stream. Since the wet stream is typically the ambient,
the system performance decreases as the ambient wet bulb temperature
increases. As in the case of a direct evaporative cooler, an IEC is
best suited for dry and temperate climates. The second major limita-

tion to an IEC system is that the system does not have the capability
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to dehumidify the inlet process stream. This type of system must
therefore be used in conjunction with a dehumidification process in
order to meet a total air conditioning (sensible and latent) load on

a building zone.

Section 3.3: Single-Stage Indirect Evaporative Coolers

In the indirect évaporative cooler described in Section 3.2 the
wet stream air that acts as the heat sink for the warmer p}ocess air
is usually drawn from the ambient. In this case, the two streams
have different sources. In some instances, however, it may be desir-
able to use a common source for both the wet and process streams.
For example, at times the ambient wet bulb temperature may be higher
than the inlet temperature of the process stream. In this case,
there would be no potential for favorable heat transfer with the
process stream. There may also be times when it would be desirable
to use more than one indirect evaporative cooler in succession. This
concept is referred to as "staging" and is covered in more detail in
Section 3.4. In this section, only one IEC with a common source will
be considered and will be referred to as a "single-stage IEC".
Figure 3.3.1 illustrates such an IEC with a common air source (state
1) and a fraction of the inlet air taken off before the heat ex-
changer for use as the wet stream.

Equations describing the performance of an IEC start with the
definition of the effectiveness of a sensible heat exchanger and a

direct evaporative cooler:



25

DUMPED AIR
T (4)
DELIYERED
(1) —| (2) AIR
> —  [—
INLET SENSIBLE
. EXCHANGER
> JIN (3)
EVAPORATIVE
COOLER
HUMIDITY
| > RATIO
(3) (4)
|
|
| et
(2) (1)
TEMPERATURE

Figure 3.3.1

Schematic diagram and process representation

of a single stage indirect evaporative cooler



26

* -
e,y = —d— = Cpr°§ Ty~ T (3.3.1)
HX Imax Cmin (Tl B T3)
T - T3
€EC = m (3.3.2)

The effectiveness of a sensible heat exchanger compares the actual
heat transfer rate in a heat exchange process to the maximum possible
heat transfer rate. The maximum heat transfer rate would be achieved
if the minimum heat capacity rate flow stream (ﬁ*Cplmin) experienced
the maximum possible temperature change and exited at the inlet
temperature of the opposite flow stream.

The effectiveness of a single-stage IEC is defined as the ratio
of the actual heat transfer rate from the process flow stream to the
maximum possible heat transfer rate from the process stream. The
maximum heat transfer rate would be realized if the process stream

were cooled all the way to the wet bulb temperature of the wet

stream.
T, =T
Agq 1 2
€ = =
IEC  Apax process i1 “ Twb (3.3.3)

stream

In terms of Egs. (3.3.1) and (3.3.2), the effectiveness of the IEC

may also be written as:

c

- min
IEC = SHX “SpEC” Coroc (3.3.4)

€
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Equations (3.3.3) and (3.3.4) are only valid when the inlet air to
the heat exchanger and the evaporative cooler are from a common
source. |

Assuming that there is equal pressure drop across both sides of
the IEC, an energy operating cost may be calculated for the single-

stage IEC from standard fan laws as:

]

E (mdelivered * mdump) 3 (3.3.5)

Ap is the pressure drop across the heat exchanger and p is the densi-
ty of the air streams. Written in terms of the cost per delivered

mass flow rate, Eq. (3.3.5) becomes:

Cost _ (A 1.0
. = (32) * (3.3.6)
del

Here a new variable, F, has been introduced to better define what
portion of the inlet air to the IEC is being processed and delivered
to the building zone. In terms of inlet air, delivered air and

dumped air, F is defined as:

g Mdelivered - Mdelivered (3.3.7)

L] [ ]

Minlet Mielivered * mdump

The benefit derived from the single stage IEC may also be calcu-

Tated as:
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Benefit _
. IEC

X
Mdel

*cp*ATma (3.3.8)

Replacing epe with Eq. (3.3.4) yields:

. m .
Benefit _ Tmin
del del

where ATmax is the difference between the dry and wet bulb tempera-
ture of the inlet air and ﬁmin is the minimum mass flow rate through
the heat exchanger.

A schematic of both the cost and benefit due to a single stage
IEC as a function of the fraction delivered is shown in Fig. 3.3.2.
The graph of the benefit is zero at a fraction delivered of 1.0 since
the flow rate through the wet side of the heat exchanger is zero.
The graph pf the cost is infinite at a F = 0 since the flow through
the wet side of the heat exchanger is now infinite.

The Coefficient of Performance (COP) is defined as the benefit
derived from a system divided by the cost of obtaining that benefit.
In the case of a single-stage IEC, COP can be obtained by dividing
Eq. (3.3.9) by Eq. (3.3.6).

m .
_ min o_
COP = F*e,, * - *e *epec i Tiay * 55 (3.3.10)

del

Equation (3.3.10) may be simplified by grouping together the con-
stants that are not related to the mass flow rates through the IEC.

This yields:
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m .
COP = F*e,, * 00 * k (3.3.11)
Mde1
= P
where k = Cp*eDEC*ATmax *-KF (3.3.12)

The constant, k, of Eq. (3.3.12) is a dimensionless quantity
that is a function of the air stream specific heat, the effebtiveness
of the adiabatic saturation process, the maximum possible temperature
difference across the heat exchanger and the pressure drop across the
heat exchanger. The maximum temperature difference term, ATmax,
characterizes where the inlet air lies on the psychrometric chart.
Obviously, the hotter and drier the inlet state, the larger both
ATmax and the COP will be. The COP is also directly proportional to
the evaporative cooler effectiveness and is inversely proportional to
the pressure drop.

A graph of COP/k vs fraction delivered, F, 1is shown in Fig.
3.3.3 for varying heat exchanger NTU. The COP is zero at F = 0 and 1
due to infinite costs at F = 0 and zero benefits at F = 1. Further,
an optimum COP is seen to exist at a fraction delivered of 0.5 for
all values of NTU.

Using the optimum fraction delivered value of 0.5, a heat ex-
changer NTU of 3.0 and an evaporative cooler effectiveness of 0.8,
lines of constant COP can be mapped out on a psychrometric plane.
Such a plot is shown in Fig. 3.3.4 for a standard pressure drop of

125 Pa (0.5 in. water). Lines of constant COP have the same shape as
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the saturation curve. In the range of temperature and humidity
ratios seen in air-conditioning operations, the COP's range from 15
to 50.

To further investigate the utility of IEC's, two performance

parameters are defined as follows:

T - T
e = T1n1e1: _ Touﬂe'c (3.3.13)
inlet dew pt.
m *(T -T )
e = delivered '‘inlet outlet” _ Fe (3.3.14)
cc s *(T -7 ) T
inlet ''inlet dew pt.

The temperature effectiveness, Eq. (3.3.13), provides a measure of
how close the inlet air can be cooled towards the inlet air dew point
temperature. This value ranges from 0 to 1. The cooling capacity
effectiveness, Eq. (3.3.14), provides a measure of how much of the
inlet air can be cooled and to what extent it can be cooled. The
cooling capacity effectiveness is therefore an energy effectiveness.
This effectiveness also ranges from 0 to 1 where the maximum value of
1 corresponds to cooling all of the air all of the way to its dew
point temperature. The air flow through an IEC can only approach the
wet bulb temperature so the above effectivenesses will always be less
then 1.

Graphs of temperature and cooling capacity effectiveness for
variable fraction delivered values are shown in Figs. 3.3.5 through
3.3.8 for a constant inlet state of 30°C and 0.009 kg/kg absolute

humidity ratio. Figures 3.3.5 and 3.3.6 are for a constant evapora-
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tive cooler effectiveness of 0.8 and heat exchanger sizes ranging
from 1 to infinite NTU. Figure 3.3.5 illustrates that the best and
worst temperature effectivenesses occur at fractions delivered of 0
and 1 respectively. At F = 0, the heat exchanger effectiveness is
maximum. At F = 1, no flow is diverted to the wet stream side of the
heat exchanger and hence the heat exchanger has no cold stream heat
sink. Figure 3.3.6, the graph of cooling capacity effectiveness, is
seen to be symmetric about the optimum operating F of 0.5. An opti-
mum cooling capacity effectiveness exists since the relative mass
ﬁde]vr/ﬁinlet’
effectiveness is zero at F = 1.

flow ratio, is zero at F = 0 and the temperature

Figures 3.3.7 and 3.3.8 show how both temperature and cooling
capacity effectiveness vary with different evaporative cooler effec-
tiveness for a given inlet state and for infinite NTU. It is seen
that both temperature and cooling capacity effectiveness increase in
proportion with the increase in the evaporative cooler effectiveness.
This is true for two reasons. First, the inlet air temperature on
the wet side of the heat exchanger is a linear function of the evapo-
rative cooler effectiveness and second, the heat transfer rate across
the heat exchanger is a linear function of the maximum temperature
difference across the two flow streams. To indicate how the perfor-
mance of a single-stage IEC varies as the inlet state changes, it is
instructive to turn to the psychrometric chart. Figure 3.3.9 is a
plot of constant air outlet temperatures for an IEC sized with a heat

exchanger NTU of 3, an evaporative cooler effectiveness of 0.8 and a
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constant fraction delivered value of 0.5. Any combination of temper-
ature and humidity ratio that intersects one of the solid lines re-
sults in an exiting air temperature as indicated. As an example, air
entering the single stage cooler at 25°C and 0.009 kg/kg would exit
at a temperature of 20°C. These lines of constant outlet temperature
arelstraight on a psychrometric chart and resemble constant wet bulb
temperature lines. All of these constant outlet temperature lines
intercept'the saturation curve at the value of the constant tempera-
ture line. As expected, when following along a constant dry bulb
line to regions of lower absolute humidity ratio, the outlet tempera-
ture from the IEC decreases. Moving to higher dry bulb temperatures
along a given humidity ratio produces higher temperatures at the exit
of the IEC, however the temperature drop across the IEC is larger at
warmer inlet states. In other words, the temperature effectiveness
of a single-stage IEC increases as one moves to dryer and warmer

states on the psychrometric chart.

Section 3.4: Multi-Staged Indirect Evaporative Coolers

A single-stage indirect evaporative cooler, as stated in Section
3.3, is limited in its ability to cool air below the inlet air wet
bulb temperature. Because the wet, cool stream can be cooled no
further than its wet bulb temperature in the evaporative cooling pro-
cess, the delivered process air, likewise, can at best be cooled to
that wet bulb temperature. In certain instances, however, it may be

desirable to chill the process air below its wet bulb temperature.
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Staging a succession of indirect evaporative coolers in a series con-
figuration has the potential for cooling the inlet air to near its
dew point temperature.

A schematic of such a system is illustrated in Fig. 3.4.1 along
with the process representation on a psychrometric chart. Each indi-
vidual stage behaves as a single-stage IEC as described in Section
3.3. The overall performance of the multiple-stage IEC is depen@ent
on the effectiveness of each individual evaporative cooling and heat
exchange process. In the limit, for an infinite number of stages,
the air introduced at the inlet to the first stage can be cooled to
its dew point temperature with no addition of moisture to the de-
livered process stream.

As in the case of a single-stage indirect evaporative cooler,
again there are limitations to this process. To operate any one of
the above stages at its optimum cooling capacity and COP, half of the
air delivered from the last stage must be used as the wet stream cold
sink. The overall fraction delivered for an n-staged IEC is there-

fore:

= (L0

Fo-staged 16C = (3) (3.4.1)
If two stages of cooling were used at their optimum operating condi-
tions, for example, only 25% of the inlet air to the first stage
would ultimately be delivered as cooled process air at the exit of

the second stage. Sacrificing a large portion of the inlet process
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stream may be an expensive proposition. Depending on the origin of
the air, the added advantage of the extra cooling from multiple
stages may be offset by the large loss of inlet air to the ambient.

To further quantify the advantages and disadvantages of a multi-
staged IEC, the temperature and cooling capacity effectivenesses
defined in Section 3.3 will be used. Figures 3.4.2 and 3.4.3 are
graphs of these effectivgnesses for up to five stages of chilling for
a constant inlet state of 30°C and 0.009 kg/kg absolute humidity
ratio. These figures were generated assuming an evaporative cooler
effectiveness of 0.8 and heat exchanger NTU values ranging from 1 to
infinity.

Several points can be drawn from these two plots. First, it is
observed that the temperature effectiveness does indeed increase
toward 1 as the number of stages increase. Also, it is seen that the
largest increase in temperature effectiveness occurs in going from
one to two stages of cooling. The additional benefits of further
staging diminishes greatly after the second stage of cooling. The
cooling capacity effectiveness continually decreases despite the
increasing cooling effect brought about by additional cooling stages.
The drastic decrease in the delivered air flow rate dominates the
cooling capacity effectiveness.

Practically speaking, the maximum number of cooling stages would
probably be 2. The equipment size and first cost would become exces-

sive as the number of stages increased beyond two stages.
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To indicate how the performance of a two-stage IEC varies with
changes in the inlet air state, lines of constant air outlet tempera-
ture are plotted on the psychrometric coordinates of Fig. 3.3.9. The
trends observed in this plot are the same as those for a single-stage
IEC. Performance increases as the inlet air becomes drier and
warmer. It is also observed that the 1lines of constant outlet
temperature for a 2 stage IEC are less steep than those for a single-
stagé IEC. If more than two stages of cooling are used, these lines
would become even more flat until, theoretically, when infinite
stages are used, the constant outlet temperature lines would be hori-
zontal and numerically equal to the dew point temperature of the
inlet air.

Lines of constant COP may also be plotted on a psychrometric
chart for a two-stage IEC. Such a plot is shown in Fig. 3.4.4 for a
cooler using the optimum fraction delivered of 0.5 per stage, a pres-
sure drop of 125 Pa and a heat exchanger NTU of 3.0, These Tlines
resemble the constant COP lines for a single-stage IEC and follow the
shape of the saturation line. In the region of the psychrometric
chart of interest for air conditioning practice, the COP's for the
two-stage IEC are approximately half of those for the single-stage
IEC.

Section 3.5: Heat Exchanger/Evaporative Cooler

Another air cooling device similar to a single-stage IEC may be

developed by combining evaporative cooling with a single sensible
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heat exchanger. Such a device is schematically represented in Fig.
3.5.1 and will be referred to as a Heat Exchanger/Evaporative Cooler
(HX/EC). The only difference between this air cooler and a single-
stage IEC is the location of where the inlet process air stream is
split. With a single-stage IEC, splitting occurs before the process
stream is sensibly cooled. In the cooling unit of Fig. 3.5.1, air is
diverted after the process stream exits the heat exchanger.

The following equations may be written to describe how this

system works.

q  _ Cintet (T = T3

P = — (3.5.1)
HX qrnax Cmin*(TI;44?3)
T2 - T3 ( \
€ = 3.5.2
DEC = T, = Tobe2

Equations (3.5.1) and (3.5.2) are the definitions of the effective-
ness for a heat exchanger and a direct evaporative cooler. For a
given fraction delivered, the relative flow rates, capacitance rates
and component effectivenesses are all known values. The temperature
of the air exiting the heat exchanger, T,, and the evaporative
cooler, T3, are unknown. Eliminating Ty from the two equations

yields:

c T

* * -
min Soec SHx" (T2 = Twpe2!

(3.5.3)

- (Tl - TZ)*(Cinlet - eHX*cmin) =0
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Figure 3.5.1 Schematic diagram and process representation
of a heat exchanger/ evaporative cooler
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The only unknowns in Eq. (3.5.3) are now the dry and wet bulb temper-
atures of the air exiting the sensible heat exchanger. Because there
is no simple equation relating these two temperatures, Eq. (3.5.3)
must be solved with a trial and success technique.

The solution of Eq. (3.5.3) is plotted in Figs. 3.5.2 and 3.5.3
in the form of temperature and cooling capacity effectivenesses. For
these performance curves, a constant inlet air state of 30°C and
0.009 kg/kg absolute humidity ratio was used. The evaporative cool-
ing effectiveness was assumed equal to 0.8 and the heat exchanger
size was varied from 1 to infinite NTU.

Many observations may be drawn from these figures. First, it is
possible to chill air below the inlet air wet bulb temperature with-
out staging. In the limit of using a perfect heat exchanger, it is
possible to chill the air to its dew point temperature. At this ex-
treme condition, however, the fraction of inlet air delivered to the
building zone is zero. The benefit of operating at this condition,
of course, is zero as illustrated in Fig. 3.5.3. This cooler, like-
wise, provides zero benefit at a fraction delivered of 1.0 since at
this operating point there is no temperature reducing effect. An
optimum fraction delivered value therefore exists and is seen to vary
from 0.4 to 0.5 for the NTU's shown.

Lines of constant COP and outlet temperature may be mapped on a
psychrometric chart just as they were for the other evaporative
coolers discussed in this chapter. Such a plot is shown in Fig.

3.5.4 for a cooling unit with an NTU of 3.0, an evaporative cooler
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effectiveness of 0.8, a pressure drop across each component of 125 Pa
and a fraction delivered of 0.5. The trends observed in this plot
are the same as those for the single and multistaged evaporative
coolers. The constant outlet temperature lines are nearly linear and
intersect the saturation line at the temperature of the constant
temperature line. At thé optimum fraction delivered chosen for this
plot, the constant outlet temperature lines are even more steep than
those for the single-stage IEC. The constant COP lines have the same
shape as the saturation curve and for a fraction delivered of 0.5 are
approximately the same size as the COP's for the two-stage IEC.

It is instructive to further compare this cooling unit with the
single-stage IEC of Section 3.3. The first observation is that the
HX/EC can cool inlet air to a greater degree then the single-stage
IEC. In their respective limits, the IEC can cool air to its wet
bulb temperature, whereas the HX/EC can cool to the dew point temper-
ature. The maximum cooling capacity for the HX/EC is approximately
half of that for the single-stage IEC. It is also observed that the
cooling capacity curves for the HX/EC are not symmetric about a
fraction delivered of 0.5. The optimum fraction decreases toward
F = 0.4 as the heat exchanger size increases. The cooling capacity
curves for the IEC were symmetric about F = 0.5 regardless of the
heat exchanger size. As in the case of both the single and multi-
staged IEC, the HX/EC unit could not be used to dehumidify the inlet
process air. To meet an air conditioning load that is partly latent,

this unit must be coupled to some sort of dehumidification device.



51

The HX/EC would appear to work well for applications where a high

degree of sensible cooling is required.

Section 3.6: Cooling Tower/Heat Exchanger Air Cooler (CT/HX)

Another air cooling device can be developed by coupling a cool-
ing tower with a sensible air/water heat exchanger. This device was
fi(st proposed and analyzed by Maclaine-cross [1985] and Kang and
Maclaine-cross [1985] as a possible air chiller for use in desiccant
cycles.

A system schematic and process representation of this cooler is
shown in Fig. 6.1. In this process, the inlet air at state 1 is
sensibly cooled to state 2 while at the same time, the chilled tower
water is warmed from state W; to Wp,. The air at state 2 is split
into two streams. One is delivered as conditioned air to the build-
ing zone and the other is routed through the cooling tower. The
portion of the inlet air that is channeled through the cooling tower
is humidified and warmed to state 3 and then dumped to the ambient.
The cooling tower receives water at state W, and returns it chilled
to the heat exchanger at state W,.

The model used in analyzing the coupled heat and mass transfer
in the cooling tower is based on an analogy to sensible heat transfer
in dry heat exchangers. This method of analyzing wet surface heat
exchangers was first suggested by Maclaine-cross and Banks [1983]. A

brief outline on the development of the resulting model equations
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follows. For a more complete derivation of the resulting equations,
see Appendix A.

An energy balance on the fluid stream in Fig. 3.6.2 yields:

. ar,
mch,f ax— = UW(TN - Tf) (3.6.1)

An energy balance on the air/water interface yields:
hca(Ta -T) hthg(ma - ww) *UT-T) =0 (3.6.2)

Likewise, a mass and energy balance on the air stream yields Egs.

(3.6.3) and (3.6.4) respectively.

. dma
ma Hy— = th(mw - ma) - (3.6.3)
. dha
U hcaw(Tw - Ta) + hDhgw(“’w - wa) (3.6.4)

Two assumptions are now made to simplify the cooling tower
model. The first is that the Lewis Number is unity and the second is
that the saturation curve is linear in the range of temperatures and
humidity ratios experienced by the cooling tower. With these assump-
tions, it is possible to manipulate Eqs. (3.6.1) through (3.6.4) to
solve for the wet bulb depression of the air stream as it passes

through the cooling tower.
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h A
-T! ) * exp(- —=2—) (3.6.5)

T .
a,in
macP,da

(T

' .
a,out Ta,out a,in

The solution is analogous to the solution of the temperature vari-
ation of a fluid flowing past an isothermal surface in a sensible
heat exchanger. The expression in the exponent parentheses is the
cooling tower NTU. It combines the air-side heat transfer coeffici-
ent, tower surface area along with the specific heat and mass flow
rate of the air.

With further algebraic manipulation, it is possible to simplify
Eq. (3.6.2) to:

hp(Ta = T,) +U(Te=T) =0 (3.6.6)
by defining a wet-bulb heat transfer coefficient as:

h, = hc*(l.O + ehfg/c (3.6.7)

wb P,da)

where e is the slope of the assumed linear saturation line. It is

also possible to simplify Eq. (3.6.4) to:

dT!

L] a - - '
b Ty = h (T, = T2) (3.6.8)

by defining a wet-bulb specific heat as:
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c *(1.0 + eh (3.6.9)

wb - °p,da fg/cP,da)

The resulting Eqs. (3.6.1), (3.6.6) and (3.6.8) are of the same form
as the equations encountered in sensible heat exchanger theory.
These have been solved previously and the solutions result in the
familiar effectiveness-NTU equations for counter and parallel flow
heat exchanger configurations [Kays and London, 1984]. Equation
(3.6.9) may be wriften in terms of air mixture enthalpies and humidi-

ty ratios as:

! -h', =-(u' ,=-wi)*h
¢, =2t ain  out in f (3.6.10)

wb out in)

Equation (3.6.10) allows for the calculation of the capacitance
rates for the cooling tower air and water streams. By choosing a
tower NTU, the exiting air wet bulb temperature can be calculated
with standard heat exchanger effectiveness equations. Equation
(3.6.3) may then be used to solve for the wet bulb depression of the
tower air and, when used with the previously calculated exiting wet
bulb temperature, fixes the state of the air exiting the cooling
tower.

The air/water sensible heat exchanger is modeled with the effec-
tiveness-NTU method as detailed by Kays and London [1984].

A double iteration procedure is required to determine all of the
equilibrium state points for the entire cooling unit. To begin the

convergence procedure, a water temperature at the inlet to the heat
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exchanger is assumed. With this assumed water temperature and the
known air inlet state and mass flow rates, exiting heat exchanger
temperatures for both the air and water may be calculated. Next, the
wet bulb temperature of the air exiting the cooling tower is assumed.
This guessed wet bulb temperature is used with Eq. (3.6.10) to calcu-
late the wet bulb specific heat and the air stream capacitance rate.
With this information, an exiting wet bulb temperature may be calcu-
lated and compared with the assumed wet bulb temperatur.'e. If these
two temperatures are not in close enough agreement, a new wet bulb
temperature is assumed and this process is repeated. When conver-
gence does occur, the water temperature exiting the cooling tower may
be calculated and compared with the assumed water temperature enter-
ing the air/water heat exchanger. If the two water temperatures are
-equal, then the system is in equilibrium. If they are not the same,
then a new initial water temperature must be assumed and the entire
process repeated.

The procedure just outlined may be carried out for a range of
delivered fractions and water mass flow rates. Figures 3.6.3 and
3.6.4 show how the system performance varies with changes in these
two variables. As a measure of performance, the temperature and
cooling capacity effectivenesses defined in Section 3.3 are used as
the ordinates of the two plots. Figures 3.6.3 and 3.6.4 are for a
cooling unit with NTU = 3 and an air inlet state of 30°C and 0.009
kg/kg absolute humidity ratio. A family of curves are found to exist

that describe how the system performs. For any one given fraction
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delivered, there are as many system equilibrium points as there are
water flow rates. It is observed, however, that there is one optimum
water flow rate that maximizes the system performance. At a fraction
delivered of 0.7, for example, the optimum water flow rate would be
approximately 25% of the inlet air flow rate.

The optimum water flow rate is not constant as the system oper-
ating point shifts to higher or lower fractions delivered. As the
fraction delivered value decreases, the optimum water flow rate in-
creases. Figures 3.6.5 and 3.6.6 better illustrate how system per-
formance varies with water flow rate for two cooling units with heat
exchanger and cooling tower NTU's of 3 and 10. These plots compare
temperature effectiveness with the water flow rate for constant
values of fraction delivered. In the larger cooling unit, the maxi-
mum in the performance curve is more pronounced then it is for the
smaller cooler.

The trends observed in Figs. 3.6.3 through 3.6.6 remain similar
as the air inlet state changes to different conditions.

Figure 3.6.7 helps to explain why a maximum exists in the per-
formance curves of Figs. 3.6.5 and 3.6.6. At very low water flows,
the water circulating loop is the minimum capacitance stream for both
the heat exchanger and the cooling tower. The water, in passing
through the cooling tower, will therefore take a large temperature
decrease and approach the wet bulb temperature of the air at state
2. However, the air passing through the heat exchanger will have a

capacitance rate far greater then the water and will not be able to
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approach the cold water temperature offered by the cooling tower. At
the other extreme, at high water flow rates, the air in the heat ex-
changer and the cooling tower will become the minimum capacitance
streams. The water passing through the cooling tower will have a
smaller temperature change than the air and exit at a temperature
substantially warmer than the wet bulb temperature of the air at
state 2. In the heat exchanger, the air will have the larger temper-
ature change and exit at a temperature close to the warm inlet water
temperature. Stated more simply, at low water flow rates, the cool-
ing tower is better able to cool the water loop but the heat ex-
changer is less able to use the cold water to cool the process air.
At high water flow rates, the heat exchanger is better able to cool
the process air closer to the water inlet temperature but the tower
can not provide the heat exchanger with as cold of water. Operating
the system at a flow rate between the two flow rate extremes will
therefore optimize the system performance.

Further examination of Figs. 3.6.5 and 3.6.6 reveals that the
best system performance, for fractions delivered ranging from 0.6 to
1.0, occurs when the water flow rate is approximately 25% of the
inlet air flow rate. Since the specific heat of water is approxi-
mately four times that of air, this flow rate ratio corresponds to
nearly equivalent capacitance rates in the heat exchanger. This
point is further illustrated in the middle schematic of Fig. 3.6.7.

It .is also observed that a reduction in system performance is

more pronounced as the flow rate moves away from the optimum flow
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rate toward lower flow rates than toward higher flow rates. In
actual operation, where it may be difficult to control the water flow
rate to always obtain the optimum system performance, it would be
recommended to fix the water flow rate slightly greater then 25% of
the inlet air flow rate.

If the optimum water flow rate 1is chosen for all of the
fractions delivered, the family of curves in Figs. 3.6.3 and 3.6.4
would be enclosed by one curve that characterizes the best system
performance for all possible operating points. Figure 3.6.8 and
3.6.9 show the outer envelope of the temperature and cooling capacity
effectiveness curves for cooling units with NTU's ranging from 1 to
infinity and an inlet state of 30°C and 0.009 kg/kg absolute humidity
ratio. A one-dimensional optimization routine was used to determine
the best water flow rate for each particular system operating point.

With the best possible cooling unit (infinite NTU), it is possi-
ble to chill the inlet air to the dew point temperature and still
deliver approximately 70% of the inlet air to the building zone. The
best chiller unit of Section 3.4, the multistaged indirect evapora-
tive cooler, could only approach the dew point temperature after di-
verting 100% of the inlet stream to the ambient and delivering none
to the conditioned space.

As in the case of the other air coolers studied in this chapter,
it is useful to see how the CT/HX Air Cooler performance varies with
the inlet air state. In Fig. 3.6.10, 1lines of constant outlet

temperature for a CT/HX with NTU of 3 and a fraction delivered of
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0.75 are mapped. The fraction of 0.75 was chosen since this is an
operating point near the maximum in the cooling capacity effective-
ness curves. The lines of constant outlet temperature resemble those
for a single and multistaged IEC. They are linear lines that inter-
cept the saturation curve at a temperature equal to the value of the
constant temperature line. If the CT/HX NTU's were to increase,
these iines wou}d become flatter and, in the limit of infinite NTU,
would be horizontal.

Figure 3.6.10 also illustrates how the COP for the CT/HX varies
with changes in its inlet air state. These lines of constant COP
were generated for a fraction delivered value of 0.75, a pressure
drop of 125 Pa, and a heat exchanger and cooling tower NTU of 3.0.
As in the case of the single and multistaged IEC's, these lines have
the same shape as the saturation curve. In the range of air condi-
tioning practice, the COP's ranges from 10 to 75.

The Cooling Tower/Heat Exchanger air cooler clearly has great
potential for air conditioning applications. O0f all of the cooling
devices studied in this chapter, it has superior temperature reducing
and cooling capacity ef%ectivenesses for any valué of fraction de-
livered. The only possible drawback to this system, in comparison to
the other evaporative coolers, is its complexity. This cooler uses a
cooling tower instead of an evaporative cooler. It also requires a
water circulating loop to couple the two components. As is indicated
by Figs. 3.6.5 and 3.6.6, the performance of this cooler is sensitive

to the water flow rate. A smart control system would be required to
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maintain the cooler near its optimum operating point. One further
caution regarding this cooler is that even though the temperature ef-
fectivenesses are very high, this cooler is still not able to de-
humidify the inlet air stream and would have to be used in conjunc-

tion with a dehumidifier to successfully meet a total air condition-

ing load.
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CHAPTER 4. ADVANCED DESICCANT AIR CONDITIUNING SYSTEMS

Four air cooling devices that may be used to sensibly cool
process air were introduced in Chapter 3. The two most promising
were the two-stage indirect evaporative cooler (IEC) and the cooling
tower/heat exchanger. These devices are capable of cooling air below
the inlet air wet bulb temperature. The substitution of these
coolers in place of the direct evaporative coolers, used in the
classical desiccant cycle, should improve the overall cycle perfor-
mance. By using sensible air coolers, it is no longer necessary to
over-dry the process air in the dehumidifier to compensate for the
direct evaporative cooling process. This chapter studies the use of
these air coolers in the standara ventilation and recirculation
cycles and analyzes the effects of these coolers at one ambient and

room condition.

Section 4.1: Two-Stage IEC Desiccant Air Conditioning Cycle

A schematic diagram of a two-stage IEC desiccant air condition-
ing cycle in a ventilation mode is shown in Fig. 4.1.1. The corre-
sponding process representation on psychrometric coordinateé is
illustrated in Fig. 4.1.2. In comparison with the classical venti-
lation cycle, the left portion of the new cycle in Fig. 4.1.1 remains
unchanged. Fresh air is introduced at the inlet to the dehumidifier

and is dried and heated from state 1 to state 2. Air at state 2 then
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sensibly exchanges heat with the ambient and is delivered to the new
cooling portion of this cycle at state 3.

The staged indirect evaporative cooler employs a second rotary
heat exchanger to precool the entering process air to state 4. This
rotary heat exchanger uses the exhaust from the second stage cooler
at state 9 as the heat sink for the process stream. The process air
then mixes with return zone air and passes through the first of two
stages of sensible cooling. The first stage is an indirect evapora-
tive cooler that uses the ambient as the wet stream cold sink for the
warmer process air. The second stage is a single-staged indirect
evaporative cooler (See Section 3.3). The single-stage IEC diverts a
portion of the air at state 6 for use as the wet stream heat sink in
the air/air heat exchanger. Air exits from the second stage at the
supply state, 7. The ability to divert any portion of the process
air in the second stage for use as a heat sink provides the control
necessary for varying the temperature at the supply state.

There is a fundamental difference between this ventilation cycle
and the classical ventilation cycle of Fig. 2.3.1. In the classical
ventilation cycle, the entire supply air stream comes from the ambi-
ent and is proéessed through the dehumidifier; there is no mixing of
ventilation air with the return air. However, the ventilation cycle
of Fig. 4.1.1 mixes return air with the dehumidifier outlet air.
This is done for two reasons. First, by dehumidifying only the re-
quired ventilation air and the air which is ultimately exhausted from

the air chiller, the dehumidifier unit can be much smaller than a
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dehumidifier that is designed to dehumidify the entire supply air
stream. Second, the zone air is often drier then the ambient. In
this case, it is more favorable, from an energy standpoint, to reuse
the drier zone air then it is to introduce wet ambient air through
the dehumidifier.

There are three main points that should be made regarding the
controls used in the cycles to be discussed in this and following
chapters. First, for all simulations conducted in this study, a
constant enthalpy difference across the supply and zone states of
10 kd/kg 1is used. This implies that at low latent loaa ratios, a
larger proportion of the zone cooling load is attributed to sensible
cooling then it is to latent cooling. The change in supply state
with latent load ratio is further illustrated in Fig. 4.1.3.

The second point regarding the controls is that as more sensible
cooling is required, a higher portion of supply air must be exhausted
from the chillers (See Sections 3.3 and 3.6). To make up for this
lost air flow, an equal amount of fresh air must be introduced to the
inlet to the dehumidifier and originates from the warmer and more
moist ambient. In addition to the exhausted air, ambient air must
also be supplied in an amount equal to the ventilated zone air. As
an example, if the total air conditioning load on the zone is 1000
kd/second then the supply air flow rate is 100 kg/second. If the re-
quired ventilation rate for that particular zone is 10%, then 10
kg/secona of ambient air must be processed through the dehumidifier

and mixed with the return zone air.
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A further control mechanism is employed if the flow through the
dehumidifier is too low and the amount of moisture in the air stream
available for removal is insufficient to allow the latent load on the
zone to be met. In instances where this situation holds (namely high
fractions delivered and low required ventilation rates) one of two
responses is taken. If the zone air is drier then the ambient, then
return air 1is recirculated and mixed with the inlet air to the de-
humigifier. If the ambient air is the drier air stream, then more
ventilation air is iﬁtroduced to the inlet to the dehumidifier.

The example illustrated in Fig. 4.1.2 is for American Refriger-
ation Institute (ARI) design conditions (Ambient: 35°C, 0.0142
kg/kg; Zone: 26.7°C, 0.0111 kg/kg), a 10 percent zone ventilation
rate, a 20% zone latent load ratio and all cycle component NfU's
equal to 9.0. To meet both the sensible and latent cooling load on
the zone, 51.5% of the inlet air to the cooler must be exhausted to
the ambient. The resultant thermal COP (zone cooling load/ energy
input to heater) for ARI conditions is 0.96.

Figure 4.1.4 shows the fraction (F) of the inlet air to the
cooler that is delivered to the space as a function of the zone
latent load ratio. There are three distinct regions in this curve.
The first region lies between latent load ratios of 0 and 0.2 and is
characterized by fraction delivered values less then 0.5. To under-
stana why these delivered fractions are so low, one must recall the
performance characteristics of the single-stage IEC discussed in .

Section 3.3. The temperature effectiveness curve for a single-stage
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IEC is not continuous but rather has two segments that meet in a knee
at a fraction delivered of 0.5 (See Fig. 3.3.5). For delivered
fractions between 0 and 0.5 there is not much effect on the outlet
air temperature. At fractions greater than 0.5, that is, operating
to the right of the knee in the temperature effectiveness curve,
there is good response in ‘temperature reduction to changes 1in
fraction delivered. For this particular ARI design example, at the
lower latent load ratios, there is enough demand for sensible cooling
that the required fraction delivered values lie to the left of the
knee in the temperature effectiveness curve.

At latent load ratios greater than 0.2, the cooler operates to
the right of the knee in the temperature effectiveness curve ana re-
sultant fractions are greater than 0.5. Operating the system in Fig.
4.1.1 at latent load ratios increasing past 0.2 therefore results in
a continuous increase in the required fraction delivered values.

The third segment in Fig. 4.1.4 lies between latent load ratios
of 0.8 and 1.0. In this portion of the curve, the load is mainly
latent and the supply state is not required to be as cold as it is at
lower latent load ratios (See Fig. 4.1.3). At latent load ratios
greater than 0.8, the first stage of cooling provides sufficient
temperature reduction and the second stage of cooling may be turned
off so that the fraction delivered equals unity.

It is also instructive to plot the required dehumidifier regene-
ration temperature as a function of latent load ratio for the same

ventilation system. Figure 4.1.5 provides such a plot for the same
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ARI design conditions. Again, three distinct regions exist. The
first region lies between latent load ratios of 0.0 and 0.6. As the
latent load ratio increases, the required supply and exiting de-
humidifier humidity ratio decreases. To meet this demand, the
regeneration temperature must increase. Also, as the latent load
ratio increases from 0.0 to 0.6, the mass flow rate of exhausted air
and therefore the fresh air introduced to the dehumidifier decreases.
Since there is a decreasing amount of air from which to extract
moisture, the amount of moisture removed from the existing air per
unit mass must increase in order to meet the zone latent load. To
remove this extra moisture requires an additional increase in regene-
ration temperature.

The second region in the regeneration temperature curve lies be-
tween latent load ratios of 0.6 and 0.8. For this particular design
point example, at a latent load ratio of 0.6, there is very little
air introduced at the inlet to the dehumidifier since only a small
amount of air must be exhausted from the cooler. At this point, the
control scheme discussed earlier in this section is implemented and
air is recirculated from the return stream and mixed with the inlet
fresh air. This lowers both the inlet humidity ratio and the corre-
sponding regeneration temperature as illustrated in Fig. 4.1.5.

The final region in the regeneration curve occurs at latent
loads greater than 0.8 where the fraction delivered is equal to 1.0.
In this region, the mass flow rate from the ambient is just equal to

the required ventilation rate. This decrease in flow from the ambi-
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ent and continued small increase in recirculation flow from the
return air yields a slight decrease in the inlet humidity ratio and
regeneration temperature.

A plot of the thermal coefficient of performance for the venti-
lation cycle as a function of latent load ratio is shown in Fig.
4,1.6. This figure reflects the fraction delivered curve of Fig.
4.1.5 over the entire range of latent load ratios. For latent loads
up to 0.2, the coefficient of performance is very low due to the low
fraction delivered. At latent loads greater than 0.2 but less than
0.6, COP increases to a maximum of 1.1. At latent load ratios
greater than 0.6 but less than 0.8, return air from the zone is re-
circulated to the inlet of the dehumidifier and even though the inlet
humidity ratio is now lower than when return air was not recircu-
lated, the flow through the dehumidifier and heater has increased.
The energy input into the heater therefore increases and the COP de-
creases. At latent loads greater than 0.8, the COP decreases further
in proportion to the increase in recirculated air flow through the
dehumidifier and heater.

To gain insight into how the performance of the staged IEC
ventilation cycle varies as the amount of ventilation air changes,
ARI design point simulations were run at a constant latent load ratio
of 20% and variable percent ventilation. The percentage ventilation
is the percentage of the supply air flow rate that is made up of
fresh air introduced from the ambient. Figure 4.1.7 illustrates how

the required regeneration temperature decreases as the ventilation
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increases. If more air is processed through the dehumidifier, then
the processed air requires less moisture removal per unit air flow to
meet the latent load. Since the degree of dehumidification reduces
with the process air mass flow rate, the regeneration temperature
decreases also. Figure 4.1.8 illustrates how the thermal COP varies
with the percentage ventilation. As the percentage ventilation in-
creases, the COP decreases 40% from 1.03 to 0.6. This decrease in
COP can be attributed largely to the increase in the mass flow rate
through the dehumidifier and heater.

The two stage IEC desiccant cycle may also be configured in a
recirculation mode. A schematic diagram for such a system is illus-
trated in Fig. 4.1.8. In this cycle, fresh ambient air at state 1 is
mixed with return air at the inlet to the dehumidifier. This air is
then dried and heated as it passes through the dehumidifier and exits
at state 3. As in the case of the ventilation cycle, the ambient air
is used as a heat sink in the first rotary heat exchanger and cools
the exiting dehumidifier air to state 4. At this point, the process
air enters the sensible cooling portion of the cycle and is precooled
to state 5 and then further chilled to state 6 with the first stage
of cooling. If necessary, the air is further cooled in the second
stage cooler and delivered to the conditioned space at state 7.

The recirculation cycle illustrated in Fig. 4.1.9 may also be
simulated at ARI conditions, 10% ventilation rate and 20% latent load
ratio. To completely meet both the sensible and the latent load on

the zone, 52.8% of the air at the entrance to the cooler is exhausted
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to the ambient. The thermal COP for this recirculation cycle is 1.17
at ARI conditions.

The recirculation two-stage IEC cycle was also simulated at ARI
conditions and 10% ventilation rate for variable latent load ratios.
A graph of the fraction of inlet air to the cooler that was delivered
to the conditioned space is shown in Fig. 4.1.4. The trends observed
for the recirculation cycle mirror those observed for the ventilation
cycle. At low latent load ratios, a 1ar§e sensible load must be
carried by the second stage of the air cooler and the cooler operates
to the left of the knee in the temperature effectiveness curve. At
latent loads between 0.2 and 0.8, the cooler operates in the smoother
region of the temperature effectiveness curve. In this region, the
fraction delivered varies continuously between 0.5 and 1.0. At
latent loads greater than 0.8, the second stage of the air cooler is
not necessary and the corresponding fraction delivered is equal to
1.0,

The regeneration temperature is also illustrated in Fig. 4.1.5
for the same ARI conditions. The trends observed in this curve are
different from those observed for the ventilation cycle. At Tow
latent load ratios, the fraction delivered values are low requiring a
high inlet mass flow rate from the ambient. The dehumidifier inlet
humidity ratio is therefore increased and requires a higher regene-
ration temperature to dry the desiccant. At latent load ratios be-
tween 0.2 and 0.8, the mass flow rate of exhausted air ana inlet

fresh air decreases and the inlet humidity ratio therefore also
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drops. As the latent load ratio increases, however, the required
outlet humidity ratio also drops and offsets the benefit of the de-
creased flow through the dehumidifier. At latent load ratios higher
than 0.85 the fraction delivered equals 1.0 (Fig. 4.1.4) and the
inlet humidity ratio no longer decreases. From this point on, the
regeneration temperature continues to increase.

The thermal coefficient of performance for the recirculation
cycle is plotted in Fig. 4.1.6. This curve has the same shape as
that of the ventilation cycle. At lower latent load ratios, the COP
is low due to the high flow rates through the dehumidifier and
heater. At latent loads between 0.2 and 0.85, the fraction delivered
is between 0.5 and 1.0 and the decreased mass flow rate through the
dehumidifier and heater increases the COP. At latent loads greater
than 0.85, the fraction delivered is 1.0 and the inlet state to the
desiccant is now constant. The required outlet humidity ratio
continues to decrease, however, and the resulting increase in regene-
ration temperature reduces the COP,

Figure 4.1.7 and 4.1.8 illustrates how the regeneration tempera-
ture and cycle COP vary with the ventilation rate at constant ARI
conditions and 20% latent load ratio. At zero ventilation rate, the
inlet to the dehumidifier is the return zone air, As the amount of
ventilation increases, the inlet to the desiccant becomes more humid
and the required regeneration temperature gradually increases. The

coefficient of performance decreases since more energy is required to
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increase the regeneration temperature at the higher ventilation

rates.

Section 4.2: Cooling Tower/Heat Exchange Desiccant Cycles

As an alternative to the indirect evaporative cooler of the
previous section, the standard direct evaporative cooler of the
classical ventilation cycle can be replaced with a cooling tower/
heat exchanger air cooler. A system diagram and corresponding
process representation on a psychrometric diagram for such a cycle is
illustrated in Figs. 4.2.1 and 4.2.2. As in the two-stage IEC cycle
presented in Section 4.1, the left hand portion of this cycle remains
the same as the classical ventilation cycle. Air is dried and heated
as it passes through the dehumidifier to state 2 and then sensibly
cooled with the first rotary heat exchanger. A second rotary heat
exchanger is used to precool the inlet air to the air/water heat
exchanger and uses the cool, wet exhaust air from the cooling tower
as its heat sink. After mixing with return zone air, the process air
is further coolea as it passes through the air/water heat exchanger
from state 5 to 6. The air at state 6 is split into two streams.
One is delivered to the building zone and the second is warmed and
humidified to state 8 as it passes through the cooling tower. The
particular example shown in Fig. 4.2.2 is for ARl conditions, 10%
ventilation rate, 20% latent load ratio and component NTU's equal to

9.0. This air conditioning cycle delivers 74.9% of the inlet air to
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the cooler to the conditioned space. The resultant COP based on
thermal energy input is 2.08.

Figure 4.2.3 illustrates the fraction of the inlet air to the
air/water heat exchanger that is delivered to the zone as a function
of the latent load ratio. The fraction delivered value increases
from 0.56 to 0.92 as the latent load ratio increases from 0.0 to
1.0. This curve 1is smooth and continuous unlike the fraction
delivered values for the 2-stage IEC cycle of Section 4.1. The
fraction delivered never reaches 1.0 for this design point as opposed
to the 2-stage IEC where the ambient driven IEC could handle the
sensible cooling at higher latent loads. The fraction delivered
curve also has greatest slope at lower latent load ratios and is
flatter at higher latent loads.

A plot of dehumidifier regeneration temperature as a function of
latent load ratio is shown in Fig. 4.2.4 for the ventilation cycle.
This curve has two distinct segments. At latent loads less than 0.5
the inlet air delivered to the dehumidifier is 100% ambient air. As
the required dehumidifier outlet humidity ratio decreases, the
regeneration temperature increases. At latent load ratios greater
than 0.5, return zone air is recirculated and mixed with the ambient
air to increase the mass flow rate through the desiccant. Since the
humidity ratio after mixing the return air decreases, the required
regeneration temperature also decreases.

Figure 4.2.5 illustrates how the ventilation cycle thermal COP

varies with latent load ratio. This curve is seen to have a maximum
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COP at a latent load of 0.15. Up to a latent load 0.15, the mass
flow rate of exhausted cooling tower air and hence the air through
the dehumidifier and heater decreases. This decreases the energy
input to the heater and boosts the thermal COP. However, at latent
load ratios greater than 0.15, the required regeneration temperature
continues to increase and the COP drops off gradually to 0.72 at 100%
latent load.

The regeneration temperature and thermal COP for the ventilation
cycle are plotted in Figs. 4.2.6 and 4.2.7 as a function of ventila-
tion rate for a constant zone latent load ratio of 0.2. As the
vehti]ation rate increases the regeneration temperature decreases
since the mass flow through the dehumidifier increases. As mentioned
earlier, to meet a given latent load, the amount of moisture reduc-
tion per unit of air increases as the mass flow rate of air through
the dehumidifier decreases. The thermal COP illustrated in Figq.
4.2.7 decreases at higher ventilation rates despite this reduced
regeneration temperature and is due largely to the increased mass
flow rate through the dehumidifier and heater.

The cooling tower/ heat exchanger desiccant cycle may also be
configured in a recirculation mode as illustrated in Fig. 4.2.8. For
the same ARI conditions studied earlier, the fraction of inlet air to
the air cooler that is delivered to the conditioned space is now 0.76
and the corresponding thermal COP is 2.91.

A graph of fraction delivered values for different zone latent

load ratios is shown in Fig. 4.2.3 for the ventilation cycle. This



92

REGENERATION TEMPERATURE (C)

368 T T 1) 1 T A
o] 0.2 0.4 0.8 0.8 1

PERCENT VENTILATION

Figure 4.2.6 Regeneration temperature vs %ventilation
for CT/HX cycle, ARI, 20%Z LLR, NTU=9.0

5.5

8

4.5 -

3.8 4 RECIRC. CYCLE
3 -

THERMAL COP

005 ' L) ] T ] ¥ T 1 L] 1
o 20 40 &0 8o 100

PERCENT VENTILATION

Figure 4.2.7 Thermal COP vs % ventilation for CT/HX cycle
ARI conditions, 20% LLR, NTU=9,0



HEAT AMBIENT

1
12 1 10 ' -
—] | P
HEATER | | AIR/WATER
T°T H X
| ZONE
; > g f—pp> E— g
1 2 3 4 S 6 7
ROTARY ROTARY 1
DEHUMIDIFIER Hx T°7T 0,
A 4
DUMPED <€— ¢ QY |
9 8 bEEm—r— :
ROTARY COOLING TOWER
H.X.
<
VENT RETURN
—_—

Figure 4,2.8 Schematic diagram of recirculation cooling tower/
heat exchanger desiccant air conditioning cycle

€6



94

curve closely resembles the fraction delivered curve for the ventila-
tion cycle discussed earlier in this section. The region of highest
slope is at lower latent load ratios and the slope decreases as the
latent load increases to 1.0. The required delivered fractions for
the recirculation cycle are always slightly less then those required
for the ventilation cycle.

The graph of the desiccant regeneration temperature is shown in
Fig. 4.2.4 as a function of latent load ratio. A minimum exists in
the regeneration temperature at low latent load ratios due to the de-
creasing fresh inlet air introduced to the dryer and consequent de-
crease in inlet humidity ratio. At latent load ratios greater than
0.2 though, the required outlet humidity ratio from the dehumidifier
decreases to a greater extent then does the inlet and the resulting
regeneration temperature increases slightly.

The thermal COP for the recirculation cycle is plotted in Fig.
4.2.5 along with the COP for the ventilation cycle. The recircu-
lation COP resembles the curve for the ventilation cycle over all
ranges of latent loaa ratio. A makimum in the COP exists at a LLR of
0.15 where the gains from the decreased heater mass flow rate out-
weigh the drawbacks due to the increasing regeneration temperature.

To again illustrate how the recirculation cycle performance
varies with changing ventilation, a plot of dehumidifier regeneration
temperature is shown in Fig. 4.2.6. The increase in regeneration

temperature is nearly linear with the increase in ventilation rate.
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The thermal COP is shown in Fig. 4.2.7 as a function of venti-
lation rate. The high COP's at low ventilation rate for this sample
design point are attributed to the bypassing of the first rotary heat
exchanger when the ambient temperature is greater than the exiting
dehumidifier process air. At ventilation rates greater than 15%, the
heat exchanger is again activated and the COP decreases gradually

thereafter.

Section 4.3: Conclusions

The main difference between the recirculation and ventilation
cycles for both the two-stage IEC and the cooling tower/heat
exchanger air conditioning units is the location of where the return
air mixes with the fresh air and the amount of air that is processed
through the dehumidifier and heater. The ventilation cycle processes
fresh air from the ambient through the desiccant and mixes the return
air stream with the fresh air after it exits the dehumidifier. The
recirculation cycle mixes return air at the entrance to the dehumidi-
fier and dehumidifies both the fresh air and the returned zone air.
The equipment in the recirculation cycles therefore tends to be
larger than that found in ventilation cycles.

In comparing the two different air conditioning units discussed
in this chapter several points arise. First, the cooling tower/heat
exchanger (CT/HX) unit delivers higher fractions of inlet air-cooler
air to the building zone then does the two-staged IEC unit. At the

ARI design conditions, 20% LLR and component NTU's equal to 9.0, the
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CT/HX unit and the staged IEC unit deliver 74.9%2 and 48.5% of the
inlet air, respectively. The COP's baSed on thermal energy input are
2.08 and 0.96, respectively. The "fractioning" temperature control
feature works well for both units, however, the CT/HX unit provides a
more continuous control of outlet temperature with fraction delivered
than does the staged IEC. At fractions less then 0.5, the staged IEC
has limited utility for temperature control. Overall, the staged IEC
may be a less complicated air conditioning unit and more technologic-
ally feasible than the CT/HX unit (See Section 3.6).

In general, both cycles present favorable changes to the classi-
cal ventilation and recirculation desiccant cycles. Replacing the
direct evaporative coolers with sensible air chillers results in 25%
and 170% higher COP's for the two-staged IEC and CT/HX cycle, respec-
tively, over a thermal COP of 0.77 for the classical ventilation
cycle at ARI conditions (See Section 2.3). A further advantage of
using these new sensible air coolers is that a control feature has
been added to the cycles. The classical desiccant cycles rely on
varying heat exchanger and direct evaporative cooler effectiveness to
control the supply air temperature. This control technique may be
difficult to implement [Curt, 1986]. The control scheme called for
in these new systems, however, relies only on the splitting of the
supply stream into two parts and channeling one stream through an
alternate piece of equipment. This is a common air conditioning
practice which could be carried out by an adjustable dampering system

placed in the ducting network.
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CHAPTER 5. COMPONENT MODELS FOR CYCLE SIMULATION STUDIES

In Chapter 4, two new desiccant air conditioning cycles,
entitled the staged IEC and the cooling tower/heat exchanger cycles,
were studied in single design-point simulations. These simulations
-were for ARI ambient and zone conditions. While these design-point
runs are instructive in understanding how control schemes and indi-
vidual components interact with each other, they do not give infor-
mation regarding how a particular system performs in a certain climi-
tological region and under different zone loading conditions.

To get a better feel for how a system performé at different sets
of conditions and loads, seasonal computer simulations must be run.
Because this particular study is concerned with the performance of
different desiccant systems in Wisconsin climate and because the
power utility for which this work is being performed is located pri-
marily in the center of this state, Madison weather data [Solmet,
1983] was used exclusively throughout this thesis.

TRNSYS [Klein, 1983], a transient energy system simulation pro-
gram was used to study cycle performance throughout one typical
meteorological cooling season. TRNSYS is a program that simulates
energy systems using models of the individual components in an entire
system coupled together in a networking fashion. With this modular
configuration, separate pieces of information, such as mass flow

rates or temperatures, may be passed between subsystems within the
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total system. During a simulation, information is exchanged between
components until total system convergence is achieved.

For the research conducted in this thesis, each individually
studied cycle is formulated in a TRNSYS compatible form as one com-
plete component. This one component contains all subsystem models
and numerical convergence is calculated within this one component.
Although this is not the way TRNSYS is typically used, there are
several advantages to running TRNSYS in this form. First, if all of
the program iterations are conducted in one component, then conver-
gence is much faster then if TRNSYS iterates between all of the
possible system components. Because seasonal simulations can be time
consuming, any reduction in computational effort is important. A
second advantage in modeling an entire system with one component is
that any zone may be combined with that one component for quick
comparison studies.

This chapter gives information on the specific models used to
describe the individual components within a single cycle. This
chapter will also describe the convergence techniques and control
hierarchy used to arrive at steady state operating points at every

simulation time step.

Section 5.1: Silica Gel Rotary Dehumidifier

The dehumidifier model used throughout this thesis predicts the
performance of a rotary wheel silica gel dehumidifier. This model

uses an effectiveness=-NTU model developed by Van den Bulk, Mitchell
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and Klein [1985] to compare the performance of an ideal dehumidifier
with infinite heat and mass transfer coefficients to a real dehumidi-
fier with finite resistance to heat and mass transfer,

The performance of the rotary dehumidifier depends on many vari-
ables. The inlet regeneration and process air states, as well as
physical design parameters such as dehumidifier wheel speed and the
relative mass flow rate of the process and regeneration streams com-
bine to yield widely different dehumidifier performance.

In the general theory of regenerators, a dimensionless capaci-

tance rate parameter, rp, is defined as:

_ mass of desiccant/time in rotation (5.1.1)

rp mass flow rate of process air

This parameter compares the mass of the desiccant and the time for
the wheel to turn through one full cycle with the mass flow rate of
the air through the process side of the wheel. From optimization
 studies, Van den Bulck, Mitchell and Klein [1986] have shown that for
cycles operating in ventilation modes near ARI ambient conditions,
the optimum rp value is 0.15 and the regeneration air mass flow rate
is 0.8 times that of the process stream. For cycles operating in a
recirculation mode near ARI zone conditions, rp equals 0.1 and the
regeneration flow rate is 0.6 times the process air mass flow rate.

The optimum parameters vary with regeneration temperature and the

inlet humidity ratio.
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Two effectivenesses are also defined to fix the outlet process

air stream state.

w - W
€, =3 inw out (5.1.2)
in out,ideal
h, =-h
_ in =~ out
€ T T (5.1.3)

in out,ideal

These effectivenesses compare the actual outlet air humidity ratio
and enthalpy with the ideal outiet air state that would result if
there were infinite heat and mass transfer coefficients between the
air and the desiccant. Figure 5.1.1 shows €, as a function of the
overall number of transfer units with c* as a parameter for a Lewis
number of unity. ¢* is a dimensionless ratio analogous to the ratio
of capacitance rates seen in general heat exchanger theory. c* may

be written as:
C S c—— (5.1.4)

where PP,R is the optimal flow rate parameter which minimizes the
dehumidifier outlet humidity for given inlet states, wheel rotational
speed, and infinite transfer coefficients.

For the sake of computational simplicity, Eq. (5.1.2) is used in

a slightly modified form as:

e = n (5.1.5)
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*
Moisture effectiveness for various C s at
Le=1,0, From Van den Bulck, et al, 1985,

Ew

C* | Woutiideal | =~ | €w Em
0.6 4.03 g/kg | 0.90 | 0.97 | 0.87
0.8 3.72 0.92 | 0.93 | 0.86
1.0 3.52 094 | 0.88 | 0.82

Table 5.1.1

Ew=0.93 E€m=0.85

*
Comparison of Ew and €m for various C s at
an inlet state of 25C, 15g/kg and 85C
regeneration temperature., Wout,int=2,75 g/kg.
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where wout,int is the ideal process air outlet humidity ratio pre-
dicted by the intersection point method [Maclain-cross, 1972]. The
calculations required to obtain wout,int are less involved than those
required to calculate wout,idea]’ The outlet air state predicted by
the intersection point method, however, overpredicts the degree of
dehumidification performed by the desiccant when compared to the out-
let state predicted by the effectiveness-NTU model. In an attempt to
quantify the degree of over-prediction, a typical inlet state and re-
generation temperature of 25°C and 0.015 kg/kg and 85°C, respective-
ly, was investigated for C*'s ranging from 0.6 to 1.0. Table 5.1.1
lists some of these results. Column 2 of this table lists the ideal
outlet dehumidifier state as predicted by the effectiveness=NTU model
and column 3 lists the ratio of the moisture effectivenesses, sm/sm'
as determined from Egs. (5.1.2) and (5.1.5). From Fig. 5.1.1, at an
overall dehumidifier NTU of 7.5, €, values may be obtained and the

w

corresponding €. of column 5 may be calculated. From these numbers,

m

€p can be expressed in terms of ¢ by means-of a correction factor:

€n = 0.93 * €, (5.1.6)
For an overall NTU of 7.5, and a Lewis number of 1.0, the average ¢
from Table 5.1.1 is 0.93 and the corrected average e, is 0.85. It
has been shown that the corresponding enthalpy effectiveness (Eq.

(5.1.3)) may be assumed unity and is held constant for all of the
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simulations conducted in this study [Van den Bulck, Mitchell, Klein,
1985].

In generalizing Eq. (5.1.6) for inlet states near the above
average state, it is believed that representative and acceptable pre-
dicted outlet states will result through its use.

A "smart" control system must be employed to operate the rotary
dehumidifier near its optimum operating point. To obtain the optimum
performance, sensors would have to detect both the process air inlet
state and mass flow rate. With this information, the controller
would then continuously anust the wheel speed and regeneration air

mass flow rate to minimize the process air outlet humidity.

Section 5.2: Cooling Tower/Heat Exchanger Air Cooler

The cooling tower/heat exchanger air cooler was discussed in
Section 3.6. The mathematical model used to analyze this cooler has
been previously outlined in Section 3.6 and is further described in
Appendix A. To arrive at the steady-state solution for any possible
inlet air state requires two nested iteration loops. To converge at
solutions is therefore a lengthy and inefficient process for use in
seasonal simulations. To facilitate long running simulations, a dif-
ferent scheme was therefore devised to hasten the convergence
process. A program was written that optimizes the cooling tower/heat
exchanger air cooler performance and then was used to simulate the
cooling unit over a broad range of temperatures, humidity ratios and

fractions delivered. The performance data from this program was then



104

stored in files for later retrieval. An interpolating subroutine
retrieves this performance data during simulations when given the air
states and fraction delivered value. This interpolating scheme is
fast and saves much computing time. A copy of the program source
code used to generate and retrieve the required chiller information

is listed in Appendix B.

Section 5.3: Heat Exchangers

The heat exchangers used in all of the cycles investigated in
this thesis are modeled with standard effectiveness-NTU equations for
a counterflow configuration. The effectiveness for the heat
exchanger may be calculated with Eq. (5.3.1) when the NTU for the

heat exchanger is specified.

1 - exp(-NTU*(1 - cmin/cmax)) (5.3.1)

min/ Cmax ) eXPUNTUFL = Coy /Crax!)

ECFHX T T=1(C

The capacitance rate for each flow stream is then calculated and the
heat transfer rate for each stream may be determined from Eq. (5.3.2)

as

*(mc_) | * AT (5.3.2)

where ﬁ*cpl is the minimum capacitance rate flow stream and ATmax

min
is the maximum temperature difference across the heat exchanger.
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Section 5.4: Fan Work and Pumping Power

The cycles discussed in chapter é need fans to move the air
through the system components. The energy input to these fans may be
calculated with Eq. (5.4.1).

W = map/(p*n (5.4.1)

;)
The efficiency term, ng, in Eq. (5.4.1) take§ into account the inef-
ficiencies in both the motor and the fan. A value of 0.50 is used
exclusively throughout this thesis as a representative value of ng.
Because the pressure drop is a function of the air mass flow
rate, Eq. (5.4.2) corrects the pressure drop term with standard fan

laws.
Ap = Apbase*(rﬁlrﬁbase)2 (5.4.2)

The flow rate, , is the air mass flow rate which corresponds

m
base
with the base pressure drop, APy, ... Substituting Eq. (5.4.2) into

Eq. (5.4.1) for the fan pressure drop yields Eq. (5.4.3).

.4 .3
W= —Dase , m (5.4.3)
p*n, 52

base
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Section 5.5: Simple Zone Model

To simulate how a certain air conditioning system operates under
different loading conditions, it is necessary to develop a TRNSYS
compatible zone model. A simple model was therefore written to out-
put both the sensible and latent cooling loads once given certain
specified inputs. These inputs include the zone overall heat trans-
fer conductance-area product, UA, the solar thermal energy load,
Qs97ar» as well as information regarding the time debendent internal
instantaneous sensible gains, G, and moisture generation rate, ﬁgen’

The total instantaneous sensible gains to the zone are calculated

with Eq. (5.5.1).

Qsensivie, total = & * Qun * Qsorar * ineiy (5.5.1)
where the gains due to infiltration may be expressed as:
%nti1 = ™infi1%a” Tambient ~ Tzone (5.5.2)
The total latent load is calculated with Eq. (5.5.3).

This model is quite simple in its structure and does not take
into account any building heat or moisture capacitance. The Tloads

that are output every time step therefore are due strictly to
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instantaneous gains; there is no contribution to the zone load due to
the release or storage of sensible or latent energy. The fundamental
reason for ignoring the building capacitance is to simplify the
analysis of the résults generated from the various cycle models.
Adding capacitance to the zone would only serve to confuse the issue
of what zone attributes contribute to the observed cycle performance.

Because the zone model does not include capacitance affects, the
zone air state is kept constant and is not allowed to float. For
this study, the zone was maintained at ARI conditions (26.7°C and
0.0111 kg/kg). The dinternal sensible gains and moisture generation
is simulated and passed to the zone model as an output from TRNSYS

forcing functions.

Section 5.6: Cycle Convergence Procedure

For any of the desiccant air conditioning cycles introduced in
Chapter 4 to come to steady-state conditions, a series of systematic
steps must be taken. Because both of the proposed cycles discussed
in Chapter 4 re]y on dumping part of the cooled process air to the
ambient, the convergence mechanism must center around choosing the
correct fraction of the air entering the chiller that is delivered to
the zone. To start the convergence procedure, a guess is therefore
made at the value of the fraction delivered. From this one guess, a
series of calculations are made to determine flow rates and state
points around the cycle. The fifst calculation that is made deter-

mines the required ambient fresh air mass flow rate.
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Mambient = *((1,0/F) - 1.0) (5.6.1)

Mvent * msupp]y

Here ﬁvent equals the required ventilation rate and F is the fraction
of air cooled in the air chiller that is delivered to the zone.

For the recirculation cycles, the required outlet humidity ratio
from the dehumidifier is equal to the supply humidity ratio calcu-
Tayed by Eq. (2.0.1). The ventilation cycles, however, mix return
zone air with the air exiting the dehumidifier. Equation (5.6.2)
therefore calculates the humidity ratio required at the outlet of the

dehumidifier for the ventilation cycles.

(]

= T - * - *
“deh,o0 ((mdeh,i * mreturn) msupp]y mreturn*‘”zone)/mdeh,i (5.6.2)

Here adeh i equals the inlet mass flow rate to the dehumidifier

]

and ﬁreturn equals the supply air mass flow rate less the required
ventilation rate. Once given the exiting dehumidifier humidity
ratio, the corresponding regeneration temperature is chosen that will
delivere this required humidity reduction.

The next step at arriving at the steady-state conditions is to
determine the temperature of the air entering the air cooler. If the
air conditioning cycle uses the cooling tower/heat exchanger unit,
then this temperature 1is passed back from the interpolating sub-
routine discussed in Section 5.2. If the air conditioning cycle uses

the staged IEC's, then a separate iteration is required to determine

the correct temperature at the entrance to the first IEC that will
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yield the correct supply temperature with the guessed value of
fraction delivered. A final calculation is made to determine the
temperature of the air exiting the second rotary heat exchanger.
This calculation can only be made after the inlet state to the air
cooler is found since the air chiller exhaust acts as the heat sink
for the heat exchanger. Once the temperature exiting the second
rotary heat exchanger is known, a comparison of this temperature is
made with the temperature ca]cuiated earlier as the inlet to the air
chilling unit. In the ventilation cycle, an intermediate mixing
calculation is required before this comparison can be made. When the
guessed fraction delivered value 1is correct, then, depending on
whether the cycle is in the ventilation or recirculation mode, the
inlet temperature to the air chilling unit will equal either the
temperature leaving the mixer or the second rotary heat exchanger,
respectively. If the two temperatures are not in close enough agree-
ment, then a new fraction delivered value is assumed and the process
is repeated.

In an actual simulation, the first guessed fraction delivered is
always set to 1.0. This fraction corresponds to turning the chiller
off and provides a test to determine if cooling is required at all.
The second guessed fraction delivered is always equal to the last
successful guess from the previous time step in the simulation. The
secant method is then used to rapidly converge to the correct steady-

state operating conditions.
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Section 5.7: Program Controls

There are several control features built into the desiccant
models studied in this thesis. The first control feature checks
whether there is a load on the zone. If there is no load, and there
is, at the same time, no ventilation requirements, then the entire
air conditioning unit may be turned off. Under this condition, both
the thermal and electric energy input to the cycle is set to zero.

If there is no load on the zone and there is a positive need for
ventilation air, then the supply air state is set equal to the zone
state. The convergence procedure as outlined in Section 5.6 then
proceeds as usual. If, however, there is a non-zero load on the
zone, then the supply states are calculated with Eqs. (5.7.1) through
(5.7.3).

hsupply = Mzone ~ Ahsupp1y (5.7.1)
Msupply ~ (Qsen,tota1 * Qlat,tota1)/Ahsupply (5.7.2)
“supply - “zone ~ Q1at,total/(msupp]y*hfg) (5.7.3)

Depending on the user determined enthalpy difference across the
supply and return air streams, Ahsupply’ the supply air stream
enthalpy and mass flow rate may be calculated with Eq. (5.7.1) and

(5.7.2), respectively. The supply humidity ratio is calculated with
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Eq. (5.7.3). Once these supply states are determined, the converg-
ence procedure discussed in Section 5.6 is implemented.

A further control check is made regarding the air mass flow rate
through the dehumidifier. As mentioned in Section'4.1 and 4.2, a
situation may arise in system operation where there is insufficient
mass flow through the dehumidifier. In these cases, there is not
enough moisture in this stream available for removal to meet the
latent load on the zone. The occurrence of such a situation in a
simulation is detected by Eq. (5.6.2). This equation calculates the
required humidity ratio at the exit of the dehumidifier. If this
humidity is below a predetermined minimum level, then either return
air is recirculated and mixed with the inlet ambient air or more
fresh ventilation air is brought in from the ambient. The amount of

recirculated air or extra ventilation air is given by Eq. (5.7.4).

= * - *
Myent or recirc {mambient (wsupply wmin) * Mpe turn (wsupp1y

= 920ne)} (@pip = “2one) (5.7.4)

The minimum allowable humidity ratio, Wnins is a value specified by
the user of the system. When air 1is recirculated or new air is
ventilated, the outlet humidity is set equal to this minimum humidity
Tevel, The remainder of the convergence procedure outlined in

Section 5.6 is then carried out.
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Varying the minimum allowable dehumidifier outlet humidity ratio
between 0.002 and 0.006 kg/kg produces negigible effects on the over-
all cycle thermal COP. Using higher Wnin Settings does, however,
decrease the required regeneration temperature at the heater outlet
whenever more air 1is processed past the desiccant. Furthermore,

using a higher value for w will require processing more air past

min
j:he desiccant more often than it is when a lower humidity ratio set-
ting is used. For the simulations conducted in Chapters 6 and 7,
Wnin 75 set to 0.004 kg/kg.

Another control feature monitors the fraction of the air enter-
ing the chiller that is delivered to the zone. If this fraction
delivered value ever drops below a minimum pre-selected value, then
the cooler unit is undersized for the given load. At this point, to
successfully meet the sensible cooling requirements on the chiller,
more air must be processed through the chiller to decrease its re-
quired temperature drop. To increase the mass flow rate of air
through the cooler, a smaller enthalpy difference must be specified
across the supply and return zone air streams. Whenever the air
cooler is deemed too small, this enthalpy difference is decreased
incrementally until the resultant temperature decrease across the
chiller is sufficient to handle the cooling load. Every time it is
decided that the air chiller is too small, however, the iteration
scheme outlined in Section 5.6 must be restarted.

One final control mechanism monitors the temperature and humidi-

ty difference across each of the rotary components in the system.
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If, for example, the air entering the dehumidifier is drier then it
needs to be at the exit of the dehumidifier, the unit is turned off
by stopping the wheel rotation. Also, if there is no potential for

cooling across any of the rotary heat exchangers, then they too are

turned off.
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CHAPTER 6: SEASON SIMULATIONS OF DESICCANT AIR CONDITIONING CYCLES

In Chapter 4 the cooling tower/heat exchanger and the staged IEC
advanced desiccant air conditioning cycles were studied. In Chapter
5, the idea of performing seasonal simulations with the use of
TRNSYS, a transient system simulation program was then introduced.
The individual components that make up entire systems were discus§ed
and then system controls and convergence procedures were studied. In
this chapter, those TRNSYS models are exercised and the results for
seasonal simulations with Madison, Wisconsin weather data and a-
building zone that models a typical Wisconsin commercial building are
presented.

Of the two new cycles studied in Chapter 4, the cooling tower/
heat exchanger cycle showed the most potential for air conditioning
over the broadest range of zone latent loads. For this reason, only
this cycle will be considered in this chapter. Resulting simulation
histograms for regeneration temperature, energy input and fraction
delivered values are shown. Finally, for comparison purposes,
seasonal simulation results are shown for the same building zone when
conditioned with the classical ventilation and recirculation desic-

cant cycles.

Section 6.1: Typical Wisconsin Commercial Building Zone

Before seasonal simulations may be run, a sample building zone

must first be formulated. The zone used in this chapter is a typical
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three story commercial building with a total floor area of 2790
square meters. Table 6.1.1 summarizes the specific building charac-
teristics and information about the air conditioning loads. Because
this building is assumed to be occupied during the day-time hours
only, the simulated internal sensible and moisture gains are
scheduled such that during unoccupied hours, the loads are scaled
back to 25% of that experienced during occupied hours. The required
ventilation rate for a typical building is dictated by design code
[DILHR, 1982]. During occupied hours, a ventilation rate of 1/2 room
air changes per hour is assumed. During unoccupied hours, no fresh
ventilation air is provided.

Figure 6.1.1 illustrates how the air conditioning loads on the
zone vary with the hour of the day for July 19, a typical July day.
Several points may be made with regard to Fig. 6.1.1. First, the
scheduling of the internal gains on the zone load are very apparent.
Between hours 17 and 7 (5 PM to 7 AM), the building is vacant and
internal loads are low. During the day-time hours, 7 AM to 5 PM, the
loads increase due to 1lighting, occupation, equipment usage, solar
gains, etc. The peak air conditioning load occurs at hour 15 and
corresponds to the peak in both the solar and the envelope conduc-
tance gains on the zone. During the day-time hours, the latent load
ratio is approximately 0.10. During the unoccupied hours, the zone
latent load ratio ranges from 0.5 to 1.0. These high latent loads
are attributed to the negative cooling load on the building from the

envelope conductance losses. A final point is that the majority of
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FLOOR AREA
BUILDI&G VOLUME
WALL AREA
WINDOW AREA

WALL CONDUCTANCE

WINDOW CONDUCTANCE

OVERALL CONDUCTANCE

ZONE TEMPERATURE

ZONE HUMIDITY RATIO

SENSIBLE GENERATION
MOISTURE GENERATION

VENTILATION RATE

Table 6.,1.1

2790 m2 (30,000 ft2)
9302.5 m3 (328,500 ft3)
1828 m?2 (19,680 ft2)
322 m2 (3470 1t2)
1.32 w/m2.c (0.234 Btu/hr-ft2-F)
3.50 W/m2-c (0.62 Btu/hr-ft2-f)
3540 W/C (4805 Btu/hr-F)
26.7 C (80 F)
0.0111 kg/kg
7 AM-5 PN S PM- 7 AN
323 W/m 8.1 w/m?2
(3 w/rt?) (0.75 w/1t2)

S.4 kg/hr-1000m2
(11b/nhr-10007t2)

0.5 Air change/hr
(5580 kg/hr)

1.4 kg/hr-1000m2
(0.25 1b/hr-1000ft2)
_0...
_O-

Zone parameters for typical Wisconsin

commercial building used in season
simulations
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the sensible load on the zone is attributed to internal gains. The
building envelope losses or gains contribute very little towards the

total sensible load on the zone.

Section 6.2: July 19 Desiccant Air Conditioning Simulations

To better understand how the cooling tower/heat exchanger air
conditioning unit performance varies with the time of day, the CT/HX
unit is combined with the sample zone of Section 6.1 and this entire
system was simulated for July 19. July 19 is both hot and humid,
requiring zone dehumidification and sensible cooling. Figure 6.2.1
shows a plot of the regeneration temperature as a function of the
hour of the day for a system with component NTU's equal to 9.0. For
the cycle operating in the ventilation mode, regeneration tempera-
tures range from 85°C to 50°C. During unoccupied hours, where the
loads on the zone are mostly latent, higher regeneration temperatures
are required then during the day-time hours when the latent load is
approximately 10%Z of the total load.

The regeneration temperatures for the recirculation cooling
tower/heat exchanger cycle are also shown in Fig. 6.2.1; These
temperatures follow the same'pattern as does the regeneration temper-
ature for the ventilation cycle, however, these temperatures, on the
whole, vary between 50°C and 35°C. The lower regeneration tempera-
tures seen in the recifcu1ation cycle are due to the lower inlet
humidity ratio at the dehumidifier entrance and the reduced degree of

dehumidification required across the dehumidifier.
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Figure 6.2.1 Regeneration temperature vs hour of day for
typical Wisconsin zone, July 19, CT/HX cycle
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Figure 6.2.2 Thermal COP vs hour of day for typical Wisc.
commercial zone, Julyl9, CT/HX cycle
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Figure 6.2.2 is a plot of the thermal coefficient of performance
for both units as a function of the time of day. At early and late
times of the day, when the latent loads are dominant, the coefficient
of performance is lower than when the latent load ratio is lower. At
all times, the COP is higher for the recirculation cycle and in the
range of 1.4 to 3.2. The daily energy-averaged thermal COP for this
day is 2.57 for the recirculation cycle and 2.03 for the ventilation
cyéle.

Figure 6.2.3 is a plot of the fraction of the air that enters
the cooling tower/heat exchanger air cooler that is delivered to the
zone as a function of the time of day for the ventilation cycle.
This flow rate follows the same pattern as does the regeneration
temperature and thermal COP., At early and late hours, the latent
load is high and the supply state is not required to be as cold as it
is at lower latent loads (see Fig. 4.1.1). Because not as much
sensible cooling is required of the air chiller, only a small amount
of air must be exhausted to the ambient and the resulting fraction
delivered is near unity. At the lower latent loads, that is, in the
day-time hours, the supply state must be colder then at the higher
latent loads and the resulting fractions delivered decrease to near
0.7.

Figure 6.2.3 suggests that two constant fraction delivered set-
tings may be used with this building when it is both occupied and un-
octupied. The fraction delivered is a function of the latent load

ratio (see Section 4.1). During occupied hours, when the latent load
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is low, the fraction delivered may be set at a low value. During un-
occupied hours, when the zone load is mostly latent, the fraction
delivered value may be set up to a higher value. A complicated
fractioning control scheme, therefore, may not be necessary to
control the zone temperature. It may be possible to use a
thermostat-type controller to vary the fraction delivered and, hence,
the supply air temperature with the time of day.

| Figure 6.2.4 is a plot of the air mass flow rates through the
ventilation cooling tower/heat exchanger cycle that is coupled with
the commercial zone of Section 6.1. This figure traces the cycle
flow rates through each of the system components. In general, the
flows through the components are highest during the day-time hours
when the air conditioning load is largest. The highest flow rate
through the system is through the air/water heat exchanger, which
equals the sum of the required ventilation air, the return zone air
and the exhausted cooling tower air. The mass flow rate of air
brought in from the ambient is equal to the air ventilated from the
zone plus that which is dumped through the cooling tower. As the
fraction of delivered air approaches unity, the inlet mass flow rate
approaches the ventilation air mass flow rate. These flow rate
values illustrate the need for designs that reduce the parasitic

power requirements.
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Section 6.3: Seasonal Simulations of Cooling Tower/Heat Exchanger

Air Conditioning Cycle

The cooling tower/heat exchanger air conditioning cycle was
evaluated for an entire cooling season with Madison weather data
while coupled to the sample zone described in Section 6.1. Bimu-
lations were conducted for both the ventilation and recirculation
modes of operation with all of the component NTU's equal to 9.0 and
while the zone was maintained at ARI conditions. The results fﬁr the
season simulation are shown in Figs. 6.3.1 through 6.3.5. Figure
6.3.1 shows a histogram plot of the fraction of the inlet air flow to
the cooler that is delivered to the zone for the entire cooling
season. This plot gives the total number of hours that the unit
operated at each of the fractions intervals listed. Two main points
may be drawn from this histogram. First, there are two distinct
fraction delivered regions; one at fractions of approximately 0.72
and the second at fractions equal to 1.0. These two regions corre-
spond to the two times of the day when high sensible cooling is and
is not required, respectively. Again, this illustrates that the
cooling tower/heat exchanger air conditioning unit may be operated at
two different fraction delivered control settfngs to meet a load on
any particular zone throughout a day.

Figure 6.3.2 shows how many hours the air conditioning unit
operates at each regeneration temperature interval when operating in
the ventilation mode. For this particular sample zone, the cycle

operates at a mean regeneration temperature of 55°C. There is also a
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large number of operating hours in the 70°C regeneration temperature
bin. These hours correspond to when the control strategy of Section
5.7 1is implemented. Here, the air mass flow rate through the
dehumidifier is too low and not enough moisture can be removed from
the air stream to meet the zone latent cooling load. Return air is
then recirculated past the desiccant to increase the latent cooling
capacity and the outlet humidity ratio is set to a constant value of
0.004 kg/kg. If the minimum outlet humidity ratio was allowed to be
lower then 0.004 kg/kg, then the peak in regeneration temperature
would move to higher temperatures. If the minimum were set to higher
humidity ratios, then the peak would move more to the left in Fig.
6.3.2.

The energy histogram of Fig. 6.3.3 represents the sum of the
thermal energy input to the heater for the entire cooling season at
each of the regeneration temperature intervals. Again the peak ener-
gy input occurs at the regeneration temperature of 55°C and the ener-
gy input decreases at the higher and lower temperature intervals.
The seasonal overall energy-averaged thermal COP was 4.06.

Figures 6.3.4 and 6.3.5 show the sum of the hours and the sum of
the energy input, respectively, at each of the regeneration tempera-
ture intervals for the recirculation cooling tower/heat exchanger
cycle. The mean regeneration temperature is 35°C. This is Tlower
then the mean for the ventilation cycle and is due to the relatively

low humidity ratio of the air entering the dehumidifier. The season-
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al COP for the recirculation cycle when mated with the sample build-
ing zone of Section 6.1 is 5.26.

As a means of comparison with the standard ventilation and re-
circulation cycle, the same sample zone was conditioned with the
classical desiccant air conditionfng cycles. Figure 6.3.6 and 6.3.7
show the time and the energy histograms as functions of regeneration
temperature for both the ventilation and recirculation cycles. The
mean regeneration temperature for both cycles is 50°C. The seasonal
energy-averaged thermal COP's for the ventilation and recirculation
cycles are 1.39 and 1.36, respectively.

Table 6.3.1 summarizes the seasonal COP's for the systems simu-
lated in this chapter. Listed, also, in this table is the perfor-
mance for a conventional vapor compression air conditioning unit.
The performance of this unit was predicted by a TRNSYS component that
models a split-system heat pump manufactured by Carrier Corporation
[1985]. Because the energy input to the compressor is in electrical
form and not thermal, the listed coefficient of performance is for
the energy input multiplied by a weighting factor of 3.0. This
weighting factor takes into account the efficiencies in converting
nonrenewable fuel into high grade electrical energy. By using this
weighting factor, the energy input to the desiccant and vapor com-
pression systems may be fairly compared on a common “resource energy"

basis [Jurinak, 1982].
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SEASONAL COEFFICIENTS OF PERFORMANCE
MADISON, WISCONSIN

SYSTEM THERMAL COP
1) CLASSICAL RECIRCULATION 1.36
2) CLASSICAL VENTILATION 1.39
3) COOLING TOWER/H.X.-VENT. 4.06
4) COOLING TOWER/H.X.-RECIRC S.26
S) VAPOR COMPRESSION UNIT 0.96 "
THERMAL COP = COOLING LOAD

THERMAL ENERGY INPUT

* INCLUDES RESOURCE ENERGY WEIGHTING
FACTOR = 3.0 '

Table 6.3.1 Summary of seasonal coefficients of performance
for classical and CT/HX desiccant cycles,
typical Wisc., zone, Madison cooling season



132

Section 6.4: Conclusions

The advanced cooling tower/heat exchanger cycle studied earlier
presents a 190% and 280% increase in thermal COP over the classical
ventilation and recirculation cycles, respectively. These large in-
creases in thermal COP may be attributed to two points. First, a
large benefit is gained by operating the desiccant cycles with sensi-
ble coolers in place of the traditional direct evaporative coolers.
The reduction in the degree of required dehumidification brﬂught
about by the addition of the sensible coolers yields a substantial
boost in the thermal COP. Second, all of the results generated for
this chapter are for cycles whose component NTU's are equal to 9.0.
This represents very high performance air conditioning devices and
marks the upper 1imit on the cooling tower/heat exchanger unit's
utility. If the heat exchangers and cooling tower were reduced in
size relative to the conditioned air flow rates, the increase in COP
would be less pronounced.

It was also shown in this chapter that the scheduling of the
internal loads on the zone resulted in two operating regions for the
CT/HX air conditioning unit. During the day-time hours, when a high
degree of sensible cooling is required, the unit operates at low
fractions delivered. During the evening and early morning hours,
less sensible cooling is required and the resultant fractions are
near unity. The existence of two distinct operating' regions means

that a thermostat-type controller could be used to automatically set
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the regeneration temperature and fraction delivered with the time of
day.

Finally, as the size of the components in the CT/HX cycles in-
creases with respect to the conditioned air mass flow rate, the
significance of the second rotary heat exchanger decreases. At high
heat exchanger NTU, the first heat exchanger performs very well and
cools the process air close to the ambient temperature. At these
conditions, there is no 1longer much potential for further heat

transfer with the cooling tower exhaust air.
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CHAPTER 7: SYSTEM COMPARISONS

To draw conclusions about the potential impact of desiccant air
conditioning on Wisconsin Power and Lights utility demand, it is
first necessary to determine if any desiccant system, classical or
advanced, will ever compete on an energy and cost basis with vapor
compression units. This chapter presents an analytical means for
comparing the two competing air conditioning systems. The results of
this comparison, which show the relative cost of the two systems on a
dollar basis, will be given. A list of potential commercial users iﬁ
the WPL territory is given and favorable match-ups between applica-
tion and desiccant systems are made. Finally, forecasts are made on
the possible electrical energy reduction and the natural gas increase
which might be seen in the WPL utility network as a result of any

future switch to desiccant air conditioning systems.

Section 7.1: Method of Comparison for Rival

Air Conditioning Systems

To compare desiccant cycles with the conventional vapor compres-
sion cycles, information regarding the total cost of the cycle to the
consumer must first be understood. If the desiccant cycles can never
successfully air condition a building space at an economically feasi-
ble cost, then these new systems will never displace the conventional

vapor compression systems. In this section, the maximum that a
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desiccant system can cost and still be economically competitive
against a vapor compression unit will be determined.

The total cost associated with any piece of air conditioning
equipment may be broken down into two parts; the initial investment
in the equipment and the operating costs associated with the in-
7 stalled system. Brandemuehl and Beckman have developed an analytical
means of calculating the total 1life cycle cost of solar heating
systems [1979]. This economic evaluation technique is further ex-
tended by Mitchell to all energy related equipment [1983]. From
Mitchell, the life cycle cost associated with a piece of equipment

may be written as:

LCC = investment cost + fuel cost + miscellaneous cost(7.l.l)

+ property tax - tax savings

The investment cost is that cost associated with the initial down

payment on the equipment and future loan payments, as well as instal-

lation costs. The sum of the fuel costs, miscellaneous costs and

property taxes are annual expenditures whose present worth must be

determined. The tax savings are from income tax deductions due to

the interest paid on the loan, property tax and any tax credits.
Equation (7.1.1) may be rewritten as:

LCC = Pl * $F + P, * $E (7.1.2)
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where $F 1is the cost associated with the first year fuel consumption
and $E is the equipment investment. The multipliers P; and P, are
present worth factors that take into account all of the economic

factors discussed above. P; may be written as:

P1 = (1 - ct) * PWF(n,f,d) (7.1.3)
where ¢ is a flag which is set to 1.0 for commercial investments and
0.0 for residential investments, t is the effective income tax rate,
and PWF(n,f,d) is a present worth factor which is a function of the
number of years in the economic study, the fuel price inflation rate

and the market discount rate, respectively. Pz may be written as:

PwF(nl,O,d)
P2 =D+ (1 - D) * ﬁﬁETizrﬁjﬁT - t(1 -D) * [PWF(nl,m,d) (7.1.4)

1 PNF(nl,O,d)
* (m - ﬁW?Tﬁ:jﬁ:ﬁT'+ ﬁW?TE[:ataT)] + [p(1 = t) +M(1 - ct)]

* PWF(n,i,d) - %i PHF (n,,0,d) - S - r
where D is the ratio of the down payment to the initial investment, m
is the mortgage rate, p 1is the property tax rate, r is the tax
credit, S is the ratio of the salvage value to the initial invest-
ment, M is the ratio of miscellaneous costs to the initial invest-

ment, ny is the depreciation life time, n is the minimum of n or the
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term of the loan, and n, is the minimum of n and n4. Typical values
of P, and P, range from 5 to 20 and 0.5 to 1.5, respectively.
Applying Eq. (7.1.2) to an air conditioning system yields:

LCC (A/C unit) = $F (A/C) * P, + (EETé%LEL * Tons required) * Py
(7.1.5)
Equation (7.1.5) applies to both vapor compression and desiccant
systems. Setting the two life cycle costs equal to each other and
solving for the allowable first cost of a desiccant air conditioning

unit per tonnage of equipment yields:

*oes | SEwre 1, (Fue - $es

Ton " lon F; Installed lons (7.1.6)
Here, $FDES may be written as:
S = ( $ ) A/C Load y . ( $ )(A/C Load)
DES thermal energy- ‘COP electrici ty EER

thermal
(701.7)

where EER is the ratio of the cooling load to the electrical energy
input to the fans and pumps in the desiccant systems.

Two points may be drawn from Eq. (7.1.6). First, there is now
only one variable, Pl/Pz, that takes into account all of the economic
factors previously discussed. By varying the range of P1/P2, all of
the possible combinations of economic factors may be taken into ac-

count. Second, it is seen that under certain instances, the allow-



138

able first cost may be less then zero depending on the system season-
al operating costs. Under these circumstances, the desiccant system
would never be economically feasible.

The seasonal cost of the energy input to either system is depen-
dent on the costs of energy available from the local power utility.
A list of current Wisconsin Power and Light electrical and natural
gas rates are listed in Table 7.1.1 for the customer category CG-1.
The CG-1 billing category includes all commercial customers with a
peak electrical demand less then 75 KW. This one billing group in-
cludes 27,600 customers and comprises approximately 95% of all of
WPL's commercial users. 85% of these users are billed with the
standard electrical rates. The price of electrical energy for the
standard electrical service is approximately 3.5 times more than an
equivalent amount of energy supplied by natural gas. These rates are
used as inputs to the TRNSYS decks that simulate each of the previ-
ously discussed air conditioning systems.

A1l of the desiccant cycles studied in this thesis use both
electricity to operate fans and natural gas to dry the desiccant
matrix. The vapor compression units use electricity, only, to oper-
ate the refrigerant compressor and required fans. The vapor compres-
sion system that was simulated for the same conditions was modeled
after a Carrier split-system heat pump [Product literature, 1985].
The installed cost of the conventional vapor compression unit was

estimated at $750/ton [Means, 1984].



WISCONSIN POWER & LIGHT RATE SCHEDULE

TYPE OF -
SERVICE FIXED CHARGE ENERGY CHARGE
STANDARD 1-2f $4.25/ mo. | 6.56 ¢ / KW-Hr ($18.22 / 6J)

ELECTRICAL | 3-2 $11.50 /7 mo.

TIME-OF-DAY 1-& $4.25/ mo. | BAM-10PM: 12.26 ¢ / KW-Hr

ELECTRICAL | 3-2F $11.50 / mo. ($34.05 /7 GJ)
10PM-8AM: 2.89 ¢ / KW-Hr

($7.94 / GJ)

NATURAL GAS $6.00 / mo 56.02 ¢/ THERM ($5.31 / GJ)

Table 7.1.1 Wisconsin Power and Light rate schedule
for customer category CG-1,.

6EL
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Section 7.2: Zone Model Used for System Comparisons

A typical Wisconsin commercial zone was described in detail in
Section 5.1. The model used to simulate the air conditioning load on
that zone took into account the envelope conductance gains, infiltra-
tion gains, solar gains, and internally generated sensible and
moisture gains. From that section, it was also found that the pri-
mary contributer to the sensible cooling load for commercial zones in
Wisconsin climate is the internally generated sensible gains. The
zone model of Section 5.1 was therefore simplified for use in the
economic evaluation to include only the internal gains and the
moisture generation within the zone. The less significant load con-
tributers, such as infiltration and conductance gains are neglected.
With this simplified zone model, it is possible to use TRNSYS forcing
functions to simulate the zone loads and it is further possible to
exactly control the latent load on the zone by changing the propor-
tion of sensible cooling while maintaining a constant total load on
the zone.

Maintaining a constant latent load on the zone during a simula-
tion is important because the latent load ratio is the primary load
characteristic available for comparing the building types found in
Wisconsin Power and Light's territory. Maintaining a constant latent
load simplifies matching up generated simulation results with the

appropriate building types.
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The building loads imposed by the TRNSYS forcing functions total
to 139KW. This is equivalent to approximately 40 Tons of air condi-

tioning capacity.

Section 7.3: Simulation Comparison Results

In the comparisons presented in this chapter, an attempt was
made to simulate a broad range of desiccant air conditioning systems.
These systems range from the more basic classical cycles, through the
two-stage IEC cycles and up to the higher performance cooling tower/
heat exchanger cycles. All three of these cycles were simulated in
both the ventilation and recirculation modes. Furthermore, each of
the advanced cycles were operated at two distinct thermal sizes; one
at a NTU equal to 3 and the other at an NTU of 9.0. This variety of
system component size provides output for units of both a practical
size that could be manufactured today, and units that present upper
1imits on the cycle's performance.

Each of the cycles just described, was simulated with the cool-
ing load outlined in Section 7.2 while the zone latent load was
varied from 0 to 0.6. Tables 7.3.1 and 7.3.2 show a matrix of the
allowable first costs for the different systems and the latent compo-
sition of the air conditioning loads. These results were generated
using Madison, Wisconsin weather data. The zone state was maintained
at ARI design conditions for all system simulations.

The number recorded for each system represents the allowable

first cost per ton of installed desiccant air conditioning equipment



ALLOWABLE INSTALLED COST OF DESICCANT AIR CONDITIONING EQUIPHENT
EER=5, P1/P2=5

DESICCANT LATENT LOAD RATIO
AIR CONDITIONING | MODE

CYCLE 00 | 01 |02 | 03 | 04 | 05 | 06

COOLING TOWER/ H.X.
NTU=9 |RECIRC || 809 908 950 | 984 1018 | 1054 | 1091

NTU=3 617 762 865 919 960 998 1034
NTU=9 | VENT 792 891 928 946 956 981 1012
NTU=3 513 717 846 893 907 922 952

TWO-STAGE IEC
NTU=9 | RECIRC 235 789 913 966 1016 | 1062 | 1104

NTU=3 -550 189 771 910 964 | 1012 | 1055

NTU=9 | VENT o 774 876 925 967 | 1005 | 1039

NTU=3 -1107| 39 748 859 914 957 993
CLASSICAL

RECIRC || 654 752 806 850 884 913 935

(Ehx=.95,£9c= .98)
VENT 625 727 787 843 867 880 1]}

Table 7.3.1 Allowable installed cost of desiccant air conditioning
equipment. EER=5, P1/P2=5

erl



ALLOWABLE INSTALLED COST OF DESICCANT AIR CONDITIONING EQUIPMENT
EER=10, P1/P2=5

DESICCANT LATENT LOAD RATIO
AIR CONDITIONING | MODE

CYCLE 0.0 0.1 0.2 0.3 9.4 0.5 0.6

COOLING TOWER/ H.X.
NTU=9 |RECIRC j] 957 1056 | 1098 | 1132 | 1167 | 1202 | 1239

NTU=3 765 910 | 1013 | 1067 |[1108 | 1146 | 1182
NTU=9 | VENT 940 1041 | 1076 | 1094 [1104 | 1129 | 1160
NTU=3 660 865 993 | 1041 | 1054 | 1070 | 1101

TWO-STAGE IEC
NTU=9 |RECIRC || 383 937 | 1060 | 1113 1164 | 1210 | 1252

NTU=3 -403 337 919 | 1058 |1112 | 1159 | 1202

NTU=9 | VENT 149 923 |1024 | 1073 |1116 | 1153 | 1187

NTU=3 -959 186 896 | 1007 | 1062 | 1105 | 1141
CLASSICAL

RECIRC || 802 901 955 998 1031 | 1061 | 1083

€hx=.95,Lec=-98
(Enx=-95,Eec=-98) VENT || 774 | 875 | 935 | 990 | 1015 | 1028 | 1036

Table 7.3.2 Allowable installed cost of desiccant air conditioning
equipment. EER=10, P1/P2=5

Evl
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. that, when combined with the seasonal operating cost, would just
equal the total cost of a vapor compression system. A large allow-
able first cost signifies that a relatively expensive desiccant
system could still be cost effective against a vapor compression
system. The lower the actual first cost is relative to the allowable
first cost, the greater the savings will be.

The numbers in Tables 7.3.1 and 7;3.2 were generated assuming a
desiccant system EER of 5 and 10, respectively. These EER's repre-
sent the performance that a desiccant cycle must match if the desic-
cant system is to compete with vapor compression systems. Both
Tables 7.3.1 and 7.3.2 were generated with a P1/P2 value of 5.0.
This is a representative ratio of the present worth factors that
would be encountered in commercial investments.

Several points can be drawn from Tables 7.3.1 and 7.3.2. First,
as the zone latent load ratio increases, the allowable first cost of
all of the systems increase. The lowest allowable first costs exist
at latent loads equal to 0.0. At this loading condition, the compet-
ing vapor compression system operates with the highest efficiency and
the desiccant system operates at its lowest efficiency. The only
negative first costs occur at latent loads equal to 0.0 and for the
ventilation two-stage IEC. It would never be economically feasible
to install these desiccant systems in situations where the air condi-
tioning load is entirely sensible.

' At lower latent loads, the best systems are the cooling tower/

heat exchanger and then the classical desiccant cycles. At higher
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latent loads, the two advanced desiccant cycles slightly outperform
the classical cycles. P

At higher latent loads, the significance of using the larger
thermal sizes for the components is reduced for both the staged IEC
and the cooling tower/heat exchanger cycles. As an example, for the
cooling tower/heat exchanger cycle, the difference between the allow-
able installed cost for cycles with NTU's of 3 and 9 decreases from
312 to 5% as the latent load ratio increases from 0 to 0.6.

The effect of EER on the allowable desiccant system installed
cost is seen by comparing Tables 7.3.1 and 7.3.2. At lower latent
loads, the purchased thermal energy is the dominant contributer to
the seasonal operating costs. In going from an EER of 10 to 5, the
effect of the decrease in EER is not very noticeable. At higher
latent loads, the purchased electrical energy contributes a larger
percentage to the total seasonal operating costs then it did at low
LLR's. The resulting allowable first costs increase as much as 20%
when the EER is increased from 5 to 10.

Figure 7.3.1 is a graph of the allowable installed first cost
for the recirculation two-stage IEC, CT/HX and the classical desic-
cant air conditioning cycles as a function of latent load ratio for a
cycle EER of 10 and P1/P2 equal to 5. The wide disparity between
cycles is evident at lower latent load ratios, especially for the
two-stage IEC cycle. At the higher latent loads, the allowable in-
stalled costs vary by about 9%. The dashed horizontal line on this

plot represents the allowable installed cost of the rival vapor com-
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pression air conditioning unit which is priced at $750 per ton. In
all ranges of latent loading conditions, desiccant cycles are able to
compete with the vapor compression system provided the installed
desiccant system may be purchased for a price equal to or less than
that indicated. In general, desiccant systems could cost greater
than a vapor compression machine and still be cost effective.

Table 7.3.3 presents a breakdown of the types of commercial
users in Wisconsin Power and Light's territory. Listed in this table
are the nine different building types which are found in the CG-1
electrical billing category that was outlined in Table 7.1.1. The
users are further broken down into groupings of similar zone latent
load ratios. The latent load category was estimated based on the
functions occurring inside the building.

The total 1985 electrical energy consumption is recorded in the
third column of Table 7.3.3 for each of the building types in each
latent load group. The predominant group of buildings is in the LLR
of 0.15 category and together they account for approximately 65% of
the total electrical energy usage of all the groups combined. The
approximate percentage of the total 1985 seasonal electrical usage
that is attributed to air conditioning requirements is also tabulated
in column four of Table 7.3.3. This percentage was determined from
an electrical energy end-use disaggregation study conducted by WPL
and was compiled from their Commercial and Apartment Conservation
Service (CACS) data base. With the percentage air conditioning

approximation and the total 1985 energy usage, the energy usage



1985 COOLING SEASON ELECTRICAL ENERGY USAGE

1985 1985
LATENT ELECTRICAL A/C ELECTRICAL
LOAD BUILDING TYPE | ENERGY USAGE | X A/C| ENERGY USAGE
RATIO (KW-Hr) (KW-Hr)
0-0.1 WAREHOUSES 32,336,700 26 840,750
0.19 OFFICES 192,215,600 8.4 16,146,000
RETAIL 140,864,300 6.6 9,297,000
SCHOOLS 21,596,500 43 928,650
HOTELS 26,525,000 11.5 3,050,400
HEALTH 20,540,100 9.2 1,889,700
I‘IISCELANEDUS 78,865,800 2.2 1,735,000
0.35 RESTAURANTS 128,260,800 12.2 15,647,800
0.6 GROCERIES 42,435,400 26 1,103,300

Table 7.3.3

usage by building type

Breakdown of 1985 cooling season electrical energy

8hl
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directly attributed to air conditioning requirements was calculated
and is listed in column 5 of Table 7.3.3. Overall, the energy re-
quired for air conditioning is 7.1% of the total 1985 energy expendi-
tures.

Table 7.3.4 1illustrates the potential reduction in electrical
energy consumed for air conditioning purposes. Again, this 1list is
broken down into groups with common latent load ratios. The sum of
electrical energy usage from the 1985 cooling season attributed to
air conditioning is repeated from Table 7.3.3 and is tabulated in
columm 2. The column entitled "Seasonal Desiccant A/C Electric
Usage" 1lists the electrical energy required of the desiccant air
conditioning cycles if the desiccant cycles were to completely dis-
place all vapor compression air conditioning units. These numbers
were calculated assuming a vapor compression COP of 4 and a desiccant
cycle EER of 10. This amounts to a 60% reduction in electrical ener-
gy use. The total reduction.in electrical energy consumed by WPL's
customers would sum to approximately 30,383,100 KW-Hours if all
customers were to switch to desiccant air conditioning systems.

The thermal energy input that would be required of the classical
recirculation cycle and the more advanced cooling tower/heat ex-
changer desiccant cycle are listed in the last two columns of Table
7.3.4 for each latent load category. The former represents a cycle
that, at present, 1is technologically feasible and is similar to
desiccant systems that may soon be marketed. The latter represents

the best possible desiccant air conditioning system that might be



SUMHMARY OF POTENTIAL REDUCTION IN ENERGY DEMAND DUE TO DESICCANT CYCLES

BASED ON: VAPOR COMP. COP=4, DESICCANT EER=10

THERMAL ENERGY INPUT

1985 SEASONAL SEASONAL DESICCANT CLASSICAL C.T./H.X.
LATENT LOAD,, A/C ELECT. USAGE A/C ELECT. USAGE RECIRC. CYCLE ., RECIRC. CYCLE
RATIO (KW-Hr) (KW-Hr) (THERMS *) (THERMS)
0-0.1 840,750 336,300 16,050 4,350
0.15 33,046,750 13,218,700 729,100 257,190
0.35 15,647,800 6,259,120 429,150 188,050
0.60 1,103,300 441,320 35,600 19,400
50,638,600 20,255,440 1,209,900 468,990

* | THERN = 10 BTU

Table 7.3,4 Summary of potential reduction in energy demand due
to desiccant cycles, Calculations based on vapor
compression COP=4, desiccant system EER=10

0Ss1
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produced and marketed in the future. The numbers listed in columns 4
and 5 were generated by dividing the air conditioning load for each
latent load ratio category by the thermal COP observed at that latent
load ratio. The classical desiccant cycles would require an increase
in natural gas sales in an amount equal to 1,209,900 therms whereas
the advanced cycles would require 468,990 therms of energy.

The net effect of desiccant systems on revenues to WPL can be
estimated using an electrical price of 6.5 ¢/KW-Hour and a natural
gas price of 56 ¢/Therm. The 1loss in electrical revenue due to a
total implementation of desiccant air conditioning systems would
amount to about $2,000,000. This loss would be partially offset by
increased natural gas revenues. With the classical desiccant system,
the increase in natural gas sales would be about $700,000 and the

increase would be about $260,000 for the advanced desiccant cycles.
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CHAPTER 8: CONCLUSIONS AND RECOMMENDATIONS

This thesis has presented an analysis of open cycle desiccant
air conditioning systems. This analysis offered both a review of the
more classical desiccant air conditioning cycles as well as a look at
two new advanced desiccant cycles. The objective behind analyzing
these different systems was to generate performance data to compare
the different desiccant cycles against vapor compression air condi-
tioners. With this data, it was then further possible to calculate
the possible shifts in utility demand felt by WPL as well as to study
the feasibility of these new systems in the Wisconsin climate. The
following conclusions may be made with regard to the findings of this
study:

1) High performance desiccant systems may be constructed by re-
placing the traditional evaporative coolers with sensible air
cooling devices. The two most promising sensible air coolers
were the two-stage indirect evaporative cooler (IEC) and the
combination cooling tower/heat exchanger (CT/HX). Both of these
devices exhaust a portion of the cooled process air to the ambi-
ent as a means of producing a heat sink for the warmer process
air. Both coolers can cool inlet air to temperatures below the
inlet wet bulb temperature. The CT/HX cooler has the potential
of cooling inlet air to near the inlet dew point temperature with

one stage of cooling.
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3)

4)

5)
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Design point simulations were conducted for all of the discussed
desiccant cycles; the classical cycles, the two-stage IEC cycles,
and the more advanced cooling tower/heat exchanger cycles. At
ARI design point simulations, the cooling tower/heat exchanger
cycle performed the best with a thermal COP = 2.08 when operated
in the ventilation operating mode. The two-stage IEC cycle per-
formed next best and for the same operating mode had a design
point COP = 0.96. The COP for the classical ventilation cycle at
the same conditions is 0.77.(

Season simulations were run for the cooling tower/heat exchanger
cycle and the classical cycle. When the advanced cycle was sized
with components of NTU = 9.0, the seasonal thermal COP was 4.06
and was 190% higher then the COP for the classical cycle.

The regeneration temperatures observed in the conducted simu-
lations ranged between 40°C and 90°C. These temperatures are
within the range of temperatures attainable in solar collectors.
An economic evaluation was performed on all studied cycles. An
allowable first cost for the installed desiccant systems was
calculated and provided a comparison between the cycles. The ad-
vanced cooling tower/heat exchanger cycle performed the best for
latent loads up to 0.5. The staged IEC cycle performed poorly at
lower latent loads but slightly outperformed the CT/HX cycle at
the higher latent loads. The classical cycles performance and
allowed first cost was slightly less than the advanced cycles but

was still in a feasible first cost range of $600 to $1000 per ton
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7)
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of cooling capacity. The allowable first cost for all systems
studied increased as the latent load on the zone increased.
Because of the large price disparity between electrical energy
and natural gas, desiccant cycles can compete on a cost basis
with vapor compression cycles. Desiccant cycles can, in general,
cost more than a vapor compression system and still be cost ef-
fective.

WPL commercial users were categorized both by building type and
by latent load ratio. The total commercial seasonal air condi-
tioning energy usage was determined to be 50.6 GW-Hours. If
desiccant air conditioning systems were to totally replace vapor
compression systems, a sixty percent reduction in electrical con-
sumption could be expected. This reduction totals to 30.4 GW-
Hours and about $2,000,000. The corresponding expected increase
in natural gas sales would vary with the type of desiccant system
installed. The advanced CT/HX cycle would require 468,000 Therms
of thermal energy while the classical recirculation cycle would
consume 1,209,000 Therms. The increased revenue would be about
$700,000 and $260,000 for the classical and advanced cycles, re-
spectively.

Desiccant air conditioning, although under study for more than
twenty years, is still in the development stage. Testing of
equipment in field settings has just begun and desiccant systems
have still not broken into the energy market. The best systems

proposed in this thesis have not been built or tested. These
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high performance systems serve merely to point to the potential
that desiccant systems may someday attain.

The following recommendations point out further research that

could be conducted to more conclusively determine the impact of

desiccant air conditioning on the Wisconsin consumer and WPL's future

utility demand.

1)

2)

3)

It is recommend that a desiccant system be purchased when they
become available for test purposes. While system computer simu-
lations are helpful in drawing initial conclusions regarding the
potential impact of these systems, they are no substitute for the
actual testing and monitoring of real equipment. The tested
system should be installed in an occupied building that is easily
accessible to researchers for constant monitoring. The system
should be fully instrumented to record information such as unit
cooling capacity and thermal and electrical energy consumption.
The sales of future desiccant systems should be c1ose1& moni-
tored. Increasing sales and consumer inquires should serve as
good indicators of impending change.

Finally, the desiccant cycles studied in this thesis should be
simulated when combined with solar collectors. This study has
assumed that the source of the thermal energy supplied to the
system originated from a gas fired heater. This may not always

be the case.
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APPENDIX A

The following is a derivation of the equations used to model the
cooling tower used throughout this thesis. This derivation is as
specified in the paper, "A General Theory of Wet Surface Heat
Exchangers" by Maclaine-Cross and Banks [1981].

The general psychrometer equation for an adiabatic saturation
process is:

h, + (m; - wa)*hf = h; (A.1)

Replacing the moist air specific enthalpy with Eq. (A.2) yields Eq.

(A.3).

h, = cP’da*(Ta Tref) + wa*hg (A.2)
. . he
T, =T, = (ma - ma) E;—i; (A.3)

An energy balance on the differential element in the moist air

stream of the wet surface heat exchanger shown in Fig. A.l yields:

mah + hDAyw(mw - ma)hg + hcAyW(Tw - Ta) - mah 0 (A.4)

aly aly+ay

Dividing Eq. (A.4) by Ay and taking the limit as Ay goes to zero pro-
duces Eq. (A.5).
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Figure A.1 Differential element in air stream of wet
surface heat exchanger
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Figure A,3 Differential element at water/air interface
in wet surface heat exchanger
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Figure A,2 Differential element in fluid side of wet
surface heat exchanger
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dh
: a _ - -

a
An energy balance on a differential element in the fluid side of
the wet surface heat exchanger in Fig. A.2 yields:

me T T

P, elx ™ MCp, el xeax ~ UAKN(TE = T, ) =0 (A.6)

Dividing by Ax and taking the limit as Ax goes to zero produces:

dT

f = i -
o= (T, - T (A.7)

MeCop £ ¢

Likewise, an energy balance on a differential element at the

air/water interface shown in Fig. A.3 yields:
UTe = T = h(T =T + hylog = wdhe (A.8)

A mass balance on the water vapor in the air side of the

exchanger shown in Fig. A.l1 yields:

dw h W
a _ D _
Ty—- - (mw ma) (A.g)
ma

Substituting Eq. (A.9) into the derivative of Eq. (A.2) with re-

spect to y gives:
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dh dT h_h.W

a _ a D -

Iy - Spdady 'g__- (b, = 0,) (A.10)
a

Substituting Eq. (A.10) into Eq. (A.5) for dh,/dy yields:

. dTa
macP,da ay—-= th(Tw - Ta) (A.11)

An assumption is now made that the saturation curve is-linear in
the range of conditions experienced in the wet surface heat

exchanger. In equation form, this may be expressed:
w, = d + e*Tw (A.12)

where e is the slope of the assumed linear saturation line and d is a
‘constant. Equation (A.12) may then be substifuted into the psycho-
meter equation, (A.3), to obtain Eq. (A.13).
* - *
(d + e Ta wa) h

' fg
T - T = (Aol3)
a a (CP,da + e*hfg)

Equation (A.l1l) 1is now multiplied through by the quantity

ehfg/(Cp,da + ehfg) to obtain:

e h dT h _Weh

mc
a P,da ig a = C fg (T -T) (A 14)
cp,da + ehfg) dy Cp.da + ehfg W a

(

Multiplying Eq. (A:9) through by the group Cp’dahfg/(Cp’da + ehfg)
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yields:

m. c h dw h WC h
a“P,da fg a_ D "P,da fg -
) (ww ma) (A.15)

(cp qa * ehegl dy  (Cp 45 * ehgg

Subtracting Eq. (A.15) from (A.14) and bringing constants inside the

derivative sign yields:

(eT [hce(Tw -T) - cp’dahD(ww - ma)]

+ eh. )

a ma)hfg
+ 9hfg

MCp.da dy )] = whfg

(Cp da (€p da fg

(A.16)
Assuming that the Lewis number is unity and substituting the equation
for the assumed linear saturation curve into Eq. (A.16) yields:

(d + eTa - ma)h

Cp.da T ®Mgg

(d + eTa - wa)h

- iy (A.17)

T9) = -wn

MCp,da dy [ c

p,da T ®Meq

Replacing the two bracketed groups of terms with Eq. (A.13), multi-

plying through by Y and rearranging yields:

h A
FTa-T) = -2=1, - 1) (A.18)
ch,daY

The solution to this linear first order differential equation is:

h A ‘
* exp (—=2-* ) (A.19)

a a 1 Y
mcP,da

The boundary condition for this 0.D.E. is that at y = 0, the air dry

and wet bulb temperatures at the inlet to the exchanger are both
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known quantities. Therefore, the solution to the 0.D.E. at the

exchanger exit, where y/Y = 1.0, is:

' hcAa
(T, = T lintet * €XP (- —==) (A.20)

(Ta - Ta)l -
P,da

outlet ~
Equation (A.20) may now be used to calculate the wet bulb depression
of the air as it passes through the wet surface exchanger once the
parameters in the exponent parenthesis are specified.

To obtain equations for the exiting wet bulb temperature, Eq.

(A.13) is first multiplied through by (1.0 + ehfg/CP,da) to yield:
(Ta - Ta)*(l.o + ehfg/CP,da) = (d + eTa - ma) hfg/CP,da (A.21)
Cancelling common terms in the above equation results in:

Ta + (ma -d) h = Ta (1.0 + eh (A.22)

fg/%p,da £q/%p,da’

Equation (A.8) may also be simplified by assuming the Lewis number is

unity and using the linear approximation for the saturation line.

h _h
- = - < fg -
U(Tf Tw) hC(Tw Ta) + % o (d + eTw wa) (A.23)

Substituting Eq. (A.22) into the right hand side of the above

equation yields:
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U(Tf - Tw) = (Tw - Ta) * hc (1.0 + ehfg/cp,da) (A.24)
A wet bulb heat transfer coefficient is now defined as:
A
hwb = hc * (1.0 + ehfg/cP,da) (A.25)
and is used to simplify Eq. (A.24) to:
U(Tf - Tw) = hwb * (Tw - Ta) (A.26)

Substituting Eq. (A.11) into Eq. (A.18) for dT,/dy yields:

dT; th .
Iy = - * (Tw - Ta) (A.27)
P,da

A wet bulb specific heat is now defined as:

A
Cub - P, da * (1.0 + ehfg/CP,da) (A.28)
to simplify Eq. (A.27) to:
. dT; '
manb -(F- = hwa(Tw - Ta) (A.Zg)

The three resulting equations, (A.7), (A.26) and (A.29), are of
the same form as the governing equations seen in sensible heat

exchanger theory. The effectiveness-NTU equations for counter-flow
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heat exchangers may therefore now be used to solve for the exiting
air wet bulb temperature once the previously defined wet bulb spe-
cific heat and heat transfer coefficient are calculated. Finally,
Eq. (A.20) may be used to calculate the exiting air wet bulb depres-
sion and together with the exiting wet bulb temperature fixes the air

state exiting the wet surface heat exchanger.
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APPENDIX C

The following is the seasonal performance data for the Carrier
heat pump and the desiccant cycles used to generate Tables 7.3.1
through 7.3.4.



TABLE C.1

SEASONAL PERFORMANCE DATA FOR CARRIER

SPLIT SYSTEM HEAT PUMP, MADISON, WISCONSIN

LATENT Q
LOAD EVAPORATOR VAPOR COMPRESSION WORK
RATIO (6J) (6J)

0 - 704.4 1768.4
0.1 879.6 221.8
0:2 988.5 249.1
0.3 1093.0 275.5
0.4 1200.0 302.3
0.5 1309.0 3295
0.6 1419.0 357.3

€Ll



TABLE C.2
SEASONAL THERMAL COEFFICIENTS OF PERFORMANCE

MADISON, WISCONSIN

DESICCANT LATENT LOAD RATIO
AIR CONDITIONING | MODE
CYCLE 00 | 01 |02 | 03 | 04 | 05 | o6

COOLING TOWER/ H.X.
NTU=9 |RECIRC || 7.334 | 7.243 |5.339 | 3.975 | 3.147 | 2.610 | 2.235

NTU=3 1.679 | 2.053 |2.553 | 2445 | 2.181 | 1.926 | 1.712
NTU=9 | VENT 5.670 | 5.629 |4.148 | 2908 | 2.134| 1.789 | 1.570
NTU=3 1.183 | 1.676 | 2.279 | 2.121 | 1.709 | 1.429 | 1.282

TWO-STAGE IEC
NTU=9 |RECIRC || 0.662 | 2.365 | 3.606 | 3.378 | 3.079 | 2.736 | 2.398

NTU=3 0.295 | 0.538 | 1.620 | 2.335 | 2.232 | 2.064 | 1.870

NTU=9 | VENT ] 0.483 | 2.183 |2.734 | 2537 | 2.275 | 2.004 | 1.750

NTU=3 0.212 ] 0.450 |1.489 | 1.817 | 1.765 | 1.623 | 1.465
CLASSICAL

RECIRC || 1.977 | 1960 | 1.882 | 1.744 | 1.562 | 1.385 | 1.220

=.95,E¢c=.98
(Enx=-95.Cec=-98) | or 1730 [ 1.755 | 1.730 | 1.692 | 1.469 [ 1.251 [ 1.071

174}
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