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ABSTRACT

Approximately 2% of the nation’s annuai electrical consumption can be traced to
supermarket refrigeration equipment. Combined with the relatively low COP of
refrigeration equipment, even small increases in supermarket refrigeration system
performance can significantly affect annual energy consumption. The work documented
in this thesis presents the annual results from the simulation of four refrigeration systems
in a supermarket. The four refrigeration systems analyzed in this report consisted of a
fixed head pressure system, a floating head pressure system, an ambient subcooling
system, and a dedicated mechanical subcooling cycle. The fixed head pressure system is
a commoh refrigeration system and was the basis against which all other systems were
compared.

The floating head pressure system was found to reduce electrical energy
consumption in cool climates due to the decrease in condensing pressure at low ambient
temperatures. By removing the fixed head pressure mechanism, the floating head
pressure system eliminates the inefficiencies associated with fixed head pressure

operation at low ambient temperatures. However, the floating head pressure system did



not reduce electrical demand and achieved only minimal savings against the fixed head
pressure system in warm climates

With the addition of a heat exchanger downstream of the condenser that rejected
excess heat to the ambient, the ambient subcooling system was able to increase COP
over the range of operating conditions common to commercial refrigeration. The
increased COP led to reduced energy consumption and demand costs when compared to
the fixed head and floating head pressure systems.

The use of a second vapor-compression cycle solely for the pilrpose of providing
subcooling to the main cycle constituted the dedicated mechanical subcooling cycle. The
second refrigeration cycle provided around 70 degrees of subcooling to the main cycle at
design conditions due mainly to the low temperature sink provided by the evaporation of
the subcooling refrigerant. Using the dedicated mechanical subcooling cycle, substantial
savings of refrigeration energy and demand were realized over the fixed head pressure
system. The dedicated subcooling cycle was found to perform best at high ambient
temperatures and low refrigeration temperatures. When the constraint of fixed head
pressure was added to the dedicated subcooling cycle, the system still significantly
outperformed the standard fixed head pressure system. The optimum temperature for the
evaporation of the subcooling refrigerant for the dedicated subcooling cycle was found to
be a constant regardless of the system operating parameters. Finally, design guidelines
for achieving the optimal COP of the dedicated subcooling cycle as a function of the
thermal sizes of the subcooler, main cycle condenser and subcooling cycle condenser

were established.
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CHAPTER

ONE

INTRODUCTION

According to a recent study, there are approximately 35,000 supermarkets in the United
States today [1]. These supermarkets use about 4% of the nation's annual electrical
energy [1] with 55 to 60% of that energy being used for refrigeration [2]. In fact, the
annual cost of energy can be equal to the store's yearly profit [3]. Besides just total
electrical energy use, another important consideration is electrical demand. Supermarkets
tend to use the most energy on hot summer afternoons; coinciding with the utilities peak
demand [1]. Therefore, reducing refrigeration energy use can be seen to be important to
both the store owners and the utilities. For these reasons, this study targets various

means of reducing supermarket refrigeration energy costs.



1.1 SCOPE OF STUDY

Refrigeration equipment accounts for a significant portion of the energy consumed in
supermarkets today. In addition, the Coefficient of Performance (COP) of refrigeration
is quite low. Therefore, even a small change in the system COP can greatly affect the
system operating costs. This study investigates the potential for increasing the
refrigeration system COP by changing the operating system. A logical procession of
system configurations will be explored and compared. The relative advantages and

disadvantages of each system will be discussed, and annual results generated.

Since a fixed head pressure vapor compression system represents the most common
refrigeration system used in supermarkets today, the discussion starts with this cycle.
The system will be defined and described, and the trends that affect system performance

investigated.

The next logical step from a fixed head pressure system is to a floating head pressure
system. Floating head pressure implies that the condenser pressure is allowed to "float"
with the ambient conditions. The advantages and disadvantages of floating head pressure

systems will be discussed, and comparisons made to the fixed head pressure system.

Ambient subcooling represents the next step towards improvement of system COP.
Ambient subcooling entails the addition of a small heat exchanger downstream of the

condenser that allows the ambient air to subcool the refrigerant leaving the condenser.



The performance of the ambient subcooling system will be compared to the two previous

systems and conclusions drawn about the effectiveness of ambient subcooling.

The use of an additional vapor compression cycle solely to subcool the refrigerant leaving
the condenser is defined as dedicated mechanical subcooling. This next step towards the
goal of improved system COP will be investigated. Sensitivity analyses will be run on
such parameters as: ambient temperature, evaporator temperature, sub-cycle evaporator
temperature, heat exchanger sizes and heat exchanger flow rates. An optimization will be
conducted to investigate the effects of heat exchanger size distribution on system
performance. From these results some system design criteria will be formulated and
explained. Finally, the results will be summarized and compared to the previous

systems.

The four systems mentioned above constitute the range of refrigeration systems
investigated. Once the systems have been compared and contrasted, the effects of part
load ratio on system performance will be evaluated. A short economic analysis will
follow the systems portion of this study and will attempt to give dollar values to the
energy savings achieved by each system. From the economic results, conclusions will be

drawn about the four refrigeration systems studied.



1.2 LITERATURE SEARCH

Although there are literally hundreds of studies on fixed head pressure, floating head
pressure and ambient subcooling, there are few published studies on dedicated
mechanical subcooling. Most of the work is done by refrigeration contractors and

manufacturers [4].

Foster-Miller included dedicated subcooling in their EPRI report titled "Supermarket
Refrigeration Modeling and Field Demonstration" [5]. Foster-Miller found that dedicated
subcooling was directly responsible for a savings of about 10 to 15% for their system
simulations. However, the tests were performed at high ambient temperatures and
further testing is needed at lower ambient temperatures before a seasonal evaluation is

possible.

A paper by R.J. Couvillion, M.W. Larson. and M.H. Somerville describes the benefits
of a mechanical subcooling system for the grocery industry [4]. Their computer model
predicted improvements in COP ranging from 6 to 82%, and in capacity from 20 to
170%, for ambient temperatures in the range 80 to 120°F. The effect of different
refrigerants was also included in the test. The most notable result was that dedicated
subcooling was most effective at the extremes of operation; high ambient temperatures or

low evaporator temperatures.
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CHAPTER

TWO

SYSTEM MODELLING

In order to evaluate the various refrigeration systems on an equal basis, annual
simulations were performed using the TRNSYS [1] simulation program. To better
understand the results of these tests, some discussion of the way the systems were
modelled must be included. This chapter addresses the reasons for choosing the
parameters and inputs for the refrigerated display case and supermarket models to be used

in this simulation.

2.1 SUPERMARKET MODEL

To allow the potential savings of the refrigeration systems to be estimated, a store model
had to be developed. The store inputs are not representative of a specific store, but are

L]
chosen to represent a typical supermarket today.



The supermarket is assumed to be open 24 hours a day, seven days a week. The store
set points are maintained at 75°F dry-bulb and 55% relative humidity. Although the dry-
bulb set point is not extremely important for the refrigeration concepts, the humidity set
point is important and is be discussed in the next section. The refrigerated display cases
are divided into three different types; the low-temperature reach-in cases (Low), the
medium-temperature single shelf cases (Med), and the medium-temperature multi-shelf
cases (MS). The low-temperature cases are assumed to have an evaporator set point
temperature of -20°F, and the medium temperature cases are assumed to have a set point
of 20°F. For the store model, it is assumed that there are 300 linear feet of low-
temperature cases corresponding to a design cooling capacity of 180,000 BTU/hr or 15
tons, 300 linear feet of medium-temperature single shelf cases corresponding to a design
cooling capacity of 180,000 BTU/hr or 15 tons, and 210 linear feet of medium-
temperature multi-shelf cases corresponding to a design cooling load of 315,000 BTU/hr
or 26.25 tons. The design cooling loads are shown graphically in Figure 2.1.

The annual simulations were run for two different cities using Typical Meteorological
Year (TMY) weather data [2]. The cities that were chosen for this simulation were
Madison, WI and Miami FL. Madison was chosen because of the large temperature
extremes that are found between summer and winter, and Miami was chosen for its
relatively high ambient temperatures. The Madison annual simulations should provide
trends that show how the systems would operate at the seasonal extremes, while the
Miami annual simulations should show how the systems would operate near constant

system capacity.



30 -

Multi-shelf

Design Cooling Capacity (Tons)

Display Case Type

Figure 2.1 Design cooling capacity for the three refrigerated display case types.

To perform the annual simulations, a TRNSYS [1] simulation deck was written.
TRNSYS [1] is a modular system simulation program that takes user supplied
subroutines and "plugs” them together to form a "deck". The TMY [2] weather data, the
store model and the refrigerated case model were combined to form the simulation
TRNSYS [1] deck to be used for this study. The deck is contained in Appendix A for
reference purposes. A system simulation diagram is included as Figure 2.2.
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Figure 2.2 System simulation diagram for annual results.

2.2 REFRIGERATED DISPLAY CASES

The refrigerated display cases are responsible for determining the loads on the
refrigeration equipment. This section addresses the relations behind the display case

models and attempt to describe the variables which affect the system loads.
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The refrigerated display cases are broken up into three representative types; the low
temperature reach-in cases, the medium temperature single shelf cases, and the medium

temperature multi-shelf cases. The discussion that follows, applies for all three case

types.

The refrigerated display case models that were used in this study were written as
TRNSYS [1] components, and employ a mechanistic model to determine the refrigerated
case loads and power requirements. Data were taken from Hussman (Hussman, 1989) to
produce representative values for the design cooling capacity and the power consumption
due to defrost, anti-sweat heaters, fans and lights. The values that were chosen for
typical design cooling capacities, defrost loads, anti-sweat loads, and fan and light loads
are listed in Table 2.1 and correspond to values taken from Hussman at 55% relative
humidity. Since the data from Hussman did not take into account the relative humidity of
the store, humidity correlations were needed for the cooling capacity, defrost load and the

anti-sweat load.

The correlation that was used for the cooling capacities and the defrost load was from a
detailed case model prepared by EPRI [3]. The EPRI [3] correlation multiplier is shown
below as a function of the percent relative humidity. It should be noted that the defrost
load only applies to the low temperature display cases, and not to the medium temperature
cases.

f=-01+0.02 *RH (2.1)

If the multiplier falls below zero, it is set to zero.
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The effect of the relative humidity on the anti-sweat power could not be found directly
from the Hussman data, so a simple mechanistic model was developed by Lindell [4].
The model predicts the energy needed to raise the temperature of the outside surface of
the case above the dew point temperature of the store air. The results, which were
correlated with the Hussman data, are listed in Table 2.2. For the purposes of this
report, it was assumed that the anti-sweat heaters would work continuously at the store

set points of 75°F dry bulb and 55% relative humidity.

Some of the load on the refrigerated cases is due to the cooling and dehumidification of
the store air near the cases. Although the cooling and dehumidification of the air is a load
on the cases, it is a benefit or credit to the air conditioning system. The cooling of the air
is a sensible case credit to the store while the dehumidification of the air is a latent case
credit to the store. The latent case credits on the store air were modelled using the Lindell
method [4], and were found to be 12% of the cooling capacity (which is a function of
relative humidity) for low temperature cases, and 19% of the cooling capacity for medium
temperature cases. The sensible case credits are independent of the relative humidity and
are defined as:
CCsens=Design Cooling Capacity - Fan Load - Lighting Load
- Anti-Sweat Load at 55% RH - Defrost Load at 55% RH
- Latent Case Credits at 55% RH (2.2)

The case credits are shown as a function of the relative humidity in Figure 2.3.

To determine the loads that the refrigeration equipment must meet, the respective loads

are summed. The resulting equation is shown below.

Caseload= Fan Load + Lighting Load + Anti-Sweat Load + Defrost
Load + Latent Case Credits + Sensible Case Credits (2.3)
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Figure 2.3 Case credits, per linear foot of display case, as a function of relative humidity.
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Figure 2.4 shows the relationships between the caseloads and the relative humidity for
the three display case types. The refrigerated case evaporator set point temperature (20°F
for low temperature systems and 20°F for medium temperature systems) and the
corresponding caseloads, are the inputs for the various type of refrigeration systems to be

studied in the following chapters.

The case power consumed by the refrigerated cases is now defined as:
Case Power = Caseload | COP 24)

Since the caseload at each instant is be the same for each refrigeration system, the
differences in case power can be directly attributed to the different COP's for each
system. The COP of the refrigerated case system was found from detailed steady-state
models for the refrigeration system in question. The COP was input to the refrigerated
case model as performance equations based on the evaporator and ambient temperatures.
The steady-state models and the associated COP’s for the systems studied are discussed

in the following chapters.

Once the case power has been calculated, the total power can be determined.

Total Power = Case Power + Fan Power + Lighting Power +
Anti-Sweat Power + Defrost Power 2.5)

It is here that an important distinction must be made. The refrigeration system will be
judged based on the case power consumed, not the total power consumed. The reason
for this is that the power required for the fans, lights, defrost and anti-sweat heaters is
independent of the type of refrigeration system chosen. Therefore, it’s the savings in

case power between the different systems that is the relative effect. Referring to Figure
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2.5, it can be seen that the case power constitutes about one-half of the total system

power for a representative system.

The refrigerated case model is included in Appendix A for reference.

Anti-Sweat Power
2.87% 3 Misc. Power
Case Power
Defrost Power

Figure 2.5 Breakdown of total system power for a representative refrigeration system.

2.3 CHAPTER SUMMARY

This chapter dealt exclusively with discussion of the TRNSYS [1] models to be used in
the system simulations. The supermarket component was not modelled after a particular

store, but rather tries to typify a "common" supermarket. The annual results for this
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supermarket are based on TMY [2] weather data from two cities, Madison and Miami.
The store has 300 feet of low temperature refrigerated cases, 300 feet of medium
temperature single-shelf cases, and 210 feet of medium temperature cases for design
cooling capacities of 15 tons, 15 tons, and 26.25 tons respectively. The data for the
display cases were taken from Hussman catalog data and correlated with multipliers
based on the store relative humidity. The COP of the various refrigeration systems was
input as performance equations derived from detailed steady-state models. Finally, the
various systems to be looked at will be evaluated in terms of case power consumption

and not total power consumption due to the similarities in the systems.

PARAMETER LOW TEMP. MED. TEMP. | MULTI-SHELF

DESIGN
COOLING 600 600 1500
CAPACITY
(BTU/hr/tt)

~ FAN
POWER 20 20 20
(witt)
ANTI-SWEAT
HEATER
POWER
(Witt)
DEFROST
POWER 10 0 0
(W/tt)
POWER
FOR 15 15 15
LIGHTS
(Witt)

40 10 10

Table 2.1 Typical refrigerated case values at 55% relative humidity.



55% RH

50% RH

45% RH

40% RH

ANTI-SWEAT
HEATER

1.00

0.67

0.33

0.00

Table 2.2 Anti-sweat heater multipliers as a function of relative humidity.
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CHAPTER

THREE

REFRIGERATION CONCEPTS

This chapter includes a quick review of vapor-compression refrigeration
thermodynamics. Following the thermodynamics section, the steady-state mechanistic
modelling of the refrigeration system components is discussed. The modelling section
includes only those components common to each system. Components not common to
each system will be discussed in the appropriate chapter. With the component models
derived, the integration of these components into a steady-state system model is

discussed.

3.1 REVIEW OF REFRIGERATION

Most of the refrigeration systems in existence today, including those which were studied

in this paper, are mechanical vapor-compression systems. Figure 3.1 illustrates the
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typical components in a vapor-compression refrigeration system. The Pressure-Enthalpy
diagram for this cycle is also included as Figure 3.2. Refrigeration cycles are
characterized by four main processes; condensation, expansion, evaporation and

compression. A typical vapor-compression cycle is now described.

VAPOR COMPR ION SYSTEM

Tambient Tair_cond_out
—= Condenser
2
3 +
Wcomp Comp
4

L Evaporator —?—»——
YYVYYVYVY

Refrigerated Space

Figure 3.1 Components in a typical vapor-compression cycle.

Refrigerant leaves the evaporator at state 5 as low temperature, low pressure, slightly
superheated vapor, and enters the compressor. In the compressor, the refrigerant

undergoes an adiabatic compression and exits as high temperature, high pressure
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superheated vapor at state 1. From here, the vapor enters the condenser where it is first
desuperheated and then condensed at constant pressure. Exiting the condenser is a high
pressure, medium temperature saturated liquid that corresponds to state 2. This saturated
liquid then flows through the expansion valve where it undergoes an adiabatic expansion
and enters the evaporator at state 4 as a low temperature, low pressure, low quality
vapor. In the evaporator, the low quality refrigerant is evaporated and the process is

repeated.
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Figure 3.2 Pressure Enthalpy diagram for a typical mechanical vapor compression system.

In practice, the compression and expansion processes are not adiabatic, the heat
exchangers have pressure drops, and there are heat and pressure losses in the lines. The

components were modelled as discussed above for simplicity; the trends are not expected
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to depend on these assumptions. Before modelling the steady-state components, a

discussion of some of the thermodynamic terms that will be used is included.

The rate that heat is rejected in the condenser is the product of the refrigerant flow rate

and the enthalpy difference across the condenser.

Qcond = Mpef * (hy-h;) (3.1)

The refrigeration capacity is defined as the product of the refrigerant flow rate and the
enthalpy difference across the evaporator. The capacity also equals the load on the
refrigerated cases.

Capacity = caseload = mpy e * (hs-hy) 3.2)

The power supplied to the compressor is the product of the refrigerant flow rate and the
enthalpy difference between evaporator exit and condenser inlet.

Power = myes * (hy-hs) (3.3)

The COP, which is the measure of the efficiency of the refrigeration cycle, is defined as
the capacity of the refrigeration system system divided by the power supplied to the
system. Since each system, at each instant of time, has the same caseload, the COP is
the true measure of the system performance.

COP = Capacity | Power = Caseload | Power (3.4)
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Two terms need to be defined here:
Suction Pressure - the pressure at the compressor inlet.

Head Pressure - the pressure at the compressor discharge.

With these definitions and concepts in place, discussion can proceed with the actual

modelling of the systems.

3.2 COMPONENT MODELLING

This section is devoted to the components common to each system. The components that
are specific to a system are discussed in that particular chapter. All the systems that are
investigated in this report were modelled using Engineering Equation Solver (EES) [1].
EES [1] is a flexible tool for solving large systems of equations. The program solves
systems of non-linear equations by a Newton-like algorithm. Built into this program are
the refrigerant thermophysical properties that were needed for the simulations. The
program also includes parametric tables and optimization algorithms that were used to
evaluate the refrigeration systems over a range of conditions. Using EES [1], the
relations for each component were developed and then integrated into the steady-state

system model.
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3.2.1 HEAT EXCHANGERS

All of the heat exchangers in this report were modelled using the Log Mean Temperature
Difference (LMTD) approach. The LMTD approach is developed from heat exchanger
energy balances on the hot and cool fluids, and assumes that the total heat transfer is
proportional to the mean value of the temperature difference [2]. The LMTD for a cross-
flow or a counter-flow heat exchanger is expressed as:

LMTD = ((Tp,i - T¢,9)-(Th,o-T¢,1) / In (Tp,i - T¢0) / (Th,o - Te,i))

(3.5)

The total heat transfer can then be expressed as:

Q = UA * LMTD
where U represents the overall heat transfer coefficient, and A represents the heat
exchanger area. It is assumed that the pressure drop across the heat exchanger is
negligible, there are no potential or kinetic energy losses, and the overall heat transfer
coefficient (U) remains constant regardless of the flow conditions. To get some measure
of the performance of the heat exchanger, the effectiveness of the heat exchangers was
calculated. The effectiveness is a measure of the actual heat transfer in the exchanger to
the maximum heat transfer in the exchanger [2].

€ = Qactuat | Cmax (3.6)
For a counter-flow or a cross-flow heat exchanger with a change in phase of one of the
fluids, the governing equation is:

€ =1 - exp (-NTU) 3.7
NTU is defined as the Number of Transfer Units, and can be expressed as:

NTU = UA |/ Cpjp (3.8)
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Chin is the minimum capacitance rate of the two fluids in question, and is the product of

the flow rate and the specific heat of the fluid.

The condensers are assumed to be air-cooled cross-flow heat exchangers with cooling air
flow rates of 3800 pounds of air per hour per ton of refrigeration. This value
corresponds to a value of about 900 cfm per ton of refrigeration, and is representative of
current practice. Performing an energy balance on the condenser, two equations are
derived. The states are defined in Figures 3.1 and 3.2.

Qcond = Mrep * (hy-h3) (3.9

Qcond = Mgir,cond * Cl’air,cond * (Tair,cond,out - amb) (3.10)

From the LMTD approach described earlier the condenser heat transfer is also described
as:

Qcond = UA * LMTD (3.11)
Because the desuperheating of the refrigerant entering the condenser is a small part of the
total heat transfer in the condenser (approximately 10 to 15%), the superheat is not
included in the equations for the LMTD. Therefore, the hot side inlet temperature is T2
instead of T1 (this was necessary due to iteration problems). Since the refrigerant is
condensing, its temperature remains constant (Th j = Th,o = T2), The LMTD then
becomes:

LMTD ;ong = (Tamp - Tair,cond,oud ! In (T - Tair,cond,out) /

(T2 - Tams)) (3.12)
For a condensing refrigerant, the effective specific heat of the refrigerant becomes
infinity. Therefore, the Cp,;, term needed to evaluate the effectiveness must be the

capacitance rate of the cooling air.
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Cmin = Mgir,cond * CPyjyr (3.13)
NTU = UA / Cpjp (3.14)
E=1-exp (-NTU) (3.15)

The refrigerant leaving the condenser is assumed to be liquid at the saturation temperature
and pressure. Figure 3.3 illustrates the temperature - distance concepts of the condenser
for this simulation. With these equations and parameters describing the condenser

relations, the performance of the heat exchanger can be evaluated at any given conditions.

Refr._in
/ Desuperheating
Condensing Refr._out
.
o
= .
® Air_out
a
£
Q
. Air_in

Heat Exchanger Distance

Figure 3.3 Condenser temperature profile as a function of heat exchanger distance.
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3.2.2 EVAPORATORS

In most supermarket applications, the refrigerated display cases act as the evaporators for
the refrigeration system. The equations describing the refrigerated display cases for the
annual simulations were given in chapter 2. However for the steady state model, the only
inputs that are needed for the evaporator are the evaporating temperature and the degrees
of superheat exiting the evaporator. The evaporator set point temperature is defined by
the type of display case being used and was either -20°F for low temperature
refrigeration or 20°F for medium temperature refrigeration. The remaining parameter is
the degree of superheat. For this simulation, it is assumed that the refrigerant leaves the
evaporator with seven degrees of superheat. With these two parameters set, the exit state

of the evaporator (state 5) is defined.

T4 = Evaporator temperature
TS = T4 + Degrees of superheat
PS5 = Saturation Pressure at the evaporating temperature (constant

pressure evaporation)

Knowing the pressure and temperature of the superheated vapor, the enthalpy and

entropy at state 5 can be found.
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3.2.3 COMPRESSORS

The steady state compressor models were solved using the concept of isentropic
efficiency. It was assumed for this simulation that the compressor was a reciprocating
compressor and had negligible heat transfer with the surroundings. For a reciprocating
compressor, isentropic efficiency is relatively independent of compressor size for a given
refrigerant [3]. To solve for the compressor unknowns, the ideal entropy at state 1 is set
equal to the entropy at state 5 (found in previous section). From knowledge of the
pressure and ideal entropy at state 1, the ideal enthalpy can be found. The ideal work of
compression can then be found.

W comp,ia = Mrep * (B iq - h5) (3.16)
With the ideal work known, the actual work can be found using the compressor
isentropic efficiency.

Wcomp = Wcomp,id / MNis (3.17)

The enthalpy at state 1 can now be found.

3.2.4 EXPANSION VALVES

A typical vapor compression refrigeration system contains one expansion device. For
this simulation, it was assumed that the expansion device was a thermostatic expansion
valve. Thermostatic expansion valves control the refrigerant flow rate in response to the

degrees of superheat exiting the evaporator. Its basic function is to control the flow rate
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so that unevaporated refrigerant is not passed to the compressor [4]. In general, the heat
transfer between the valve and the surroundings is quite small, and is neglected. The

energy balance on the expansion valve becomes:

h3 = hy (3.19)

3.3 INTEGRATED MODELS

With the equations derived for the system components, the integrated system model
becomes quite easy to formulate. None of the components can be solved for directly
because of the interactions between the components. However, when the components
are put together, the equations for the entire system can be solved. With this type of
integrated format, the impact of changing a system parameter on the system performance

can be easily evaluated.

The steady-state models were developed to provide COP performance equations as a
function of ambient temperature and evaporator temperature for the annual simulation
models. The performance equations that were derived were used in the TRNSYS [5]

refrigerated case model to generate the power consumption data.

The steady-state models are based on a design refrigeration load of 15 tons. Even though
the results that are discussed in the following chapters are for the 15 ton system, the
performance equations generated are independent of the size of the system. For this
reason, the performance equations, and hence the TRNSYS [5] refrigerated case model,

are quite general in nature and can be used for a wide variety of applications.
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3.4 CHAPTER SUMMARY

This chapter describes the modelling of the basic mechanical vapor compression
refrigeration system. The components and processes of the typical vapor compression
cycle were discussed, and the equations for the component models derived. The
condenser was modelled using the Log Mean Temperature Difference approach, and the
evaporator was modelled as discussed in Chapter 2. The pressure drop across the
evaporator and condenser was assumed to be negligible. The expansion process was
assumed to be isenthalpic and the compression process was modelled using isentropic
efficiency. Both the expansion and compression processes were assumed to have
negligible heat transfer with the surroundings. With the components described, the next
step was to describe the system. Even though the unknowns for the components could
not be solved singly, as a system they could be solved. With the basic compbnents
described, the four refrigeration systems can now be modelled and evaluated. The four
chapters to follow describe the steady-state system models used to generate the

performance equations for the annual simulations.
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CHAPTER

FOUR

FIXED HEAD PRESSURE

A fixed head pressure system is commonly employed in commercial refrigeration. Fixed
head pressure systems keep the condensing pressure above some minimum set point to
ensure adequate system operation. However, by keeping the condensing pressure at a set
point, inefficiencies are introduced into the system. This chapter discusses the system
operation, explore the reasons for fixed head pressure, and develop trends that to be used

for this system and the systems to follow.

4.1 FIXED HEAD SYSTEMS

Fixed head pressure systems are refrigeration systems that employ some means of
keeping the condensing pressure or head pressure at or above some minimum value. As

long as the condensing pressure is above the set point, the system modulates with the
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ambient conditions. The system modulates with the ambient conditions due to the change
in potential heat transfer across the condenser. As the ambient temperature rises, the
condensing temperature must rise in order to reject heat to the ambient. When the
ambient temperature falls, the condensing temperature can correspondingly fall
However when the ambient conditions dictate that the head pressure could fall below the
set point, a means of keeping the head pressure at the set point is utilized. The fixed head
pressure system diagram and Pressure - Enthalpy diagrams are shown in Figures 4.1 and

4.2 respectively.
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Figure 4.1 Components for a fixed head pressure refrigeration cycle.
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Figure 4.2 Pressure Enthalpy diagram for a fixed head pressure system.

4.2 REASONS FOR FIXED HEAD

There are several reasons why the head pressure must be kept at some minimum value.

Fixing the head pressure ensures that the compressor operates properly, and that there is
a large enough pressure differential for adequate refrigerant flow through the thermostatic
expansion valve. The head pressure is important to the compressor due to the minimum
compression ratio needed for proper operation. With a lowered pressure differential
across the expansion valve, the refrigerant flow rate is decreased. This decrease in flow
rate lowers the available capacity of the evaporator and causes the evaporator pressure to
increase [1]. Both these problems are undesirable for commercial refrigeration. Figure
4.3 illustrates the concept of reduced expansion valve pressure differential for low

ambient temperatures.
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Figure 4.3 Expansion valve pressure differential as a function of ambient temperature.
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Figure 4.4 Evaporator inlet quality as a function of ambient temperature.
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Also, by fixing the head pressure the minimum liquid quality is maintained which is
important for proper evaporator and expansion valve performance. If the quality at the
evaporator inlet is too low, the heat transfer to the evaporator may not be enough to
completely vaporize the refrigerant entering the compressor. Refer to Figure 4.4 for a

plot of evaporator inlet quality as a function of ambient temperature.

In commercial refrigeration practice today, there are many ways to control the head

pressure. A few of the control methods are described below.

Limiting the condenser cooling air flow rate or temperature reduces the available heat
transfer thereby raising the condensing pressure and temperature. Refer to section 3.2.1,

heat exchangers, to review the mechanisms behind this concept.

Hot gas bypassing consists of diverting some of the hot gas from the condenser inlet
back to the low pressure or suction side. This is a way of loading the compressor

artificially to maintain proper system operation.

A pressure amplifier is a device that requires a work input to pressurize the fluid at the
head conditions. The pressure amplifier is usually placed between the exit of the

condenser and the expansion valve inlet.

Gravity head implies that the condenser is set at some height above the expansion valve in
order to utilize gravity as a means of increasing the pressure at the entrance to the

expansion valve.
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Regardless of the method used to fix the head pressure, inefficiencies are introduced into
the system. For this report, the method of achieving fixed head pressure is not specified.
It is only assumed that the head pressure is fixed at some minimum set point. For steady-
state modelling purposes, the head pressure is fixed at 100 psia corresponding to a
minimum condensing temperature of about 82°F for refrigerant-12. This pressure was
chosen because it represents a typical value used in refrigeration system practice.
Because the head pressure method is not specified, there are assumed to be no additional
work inputs to the system. Therefore, the model represents a conservative estimate of the
penalties associated with fixed head pressure. The program that models the fixed head
pressure system and the solutions for this system are included in Appendix B for

reference.

4.3 RESULTS AND TRENDS

Because the refrigerated caseload for the steady-state model is set at a constant 15 tons,
the only factor affecting the COP is the amount of work done on the system (equation
3.4). Therefore, the variables that affect the work are important to the performance. The
variables that affect compressor work through the change in condenser conditions are the
ambient temperature, the size of the condenser and the condenser cooling air flow rate.
These three variables affect the heat rejection to the ambient which in turn sets the
compressor discharge pressure. The compressor isentropic efficiency directly affects the
amount of work done by the compressor (equation 3.17). Finally, the evaporator

temperature sets the compressor suction pressure which influences the compressor work.
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The cooling air flow rate and the compressor isentropic efficiency parameters have been
set (sections 3.2.1 and 3.2.3). The condenser size was set and is discussed in Chapter 7.
With these three parameters set, the only variables left that affected the system
performance were the ambient temperature and the evaporator temperature. This was the
goal of the steady-state modelling, to get system performance equations as a function of

the ambient and evaporator temperatures.

4.3.1 AMBIENT TEMPERATURE

In the condenser, the pressure and the temperature change with the ambient conditions.
As the ambient temperature falls, the condensing pressure and temperature fall until the
minimum set point is reached. At this point, the pressure remains at the set point
pressure regardless of the falling ambient temperatures. Above this set point the system
"floats" with the ambient conditions. At or below the ambient conditions corresponding
to this set point, the system is "fixed". Figure 4.5 shows the dependence of COP on the

ambient temperature.

Figure 4.5 shows the two sections of the curve; the "fixed" section and the "floating"
section. The point at which the two curves intersect corresponds to the set point. The
refrigerant flow rate as a function of ambient temperature is shown in Figure 4.6.
Referring to the figure, it can be seen that the flow rate decreases as the ambient
temperature falls. The evaporator inlet quality decreases also (Figure 4.4), with a
corresponding decrease in the entering evaporator enthalpy. With the capacity (caseload)

fixed and the evaporator exit enthalpy fixed (hs), the decrease in entrance enthalpy
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Figure 4.5 Coefficient of Performance of a fixed head pressure system as a function of the ambient

temperature.
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Figure 4.6 Refrigerant flow rate as a function of the ambient temperature for a fixed head pressure

system.
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corresponds to a decrease in the required flow rate. The results can be seen in Figure 4.6
and the governing equation is shown below.

mper = caseload | (hs - hy) 4.1)

The compressor work decreases as the ambient temperature falls for two of the reasons
mentioned above; the condensing pressure falls (Figure 4.3), and the refrigerant flow rate
required to meet the load is decreased (Figure 4.6). The compressor work is shown as a
function of the ambient temperature in Figure 4.7. Since the COP is inversely
proportional to the compressor work, the COP increases as the compressor work

decreases.

Every curve in this section has a characteristic horizontal portion at low ambient
temperatures. The condenser is the only component to interact with the ambient
conditions. Once this interaction is removed by fixing the pressure, the system operation

remains the same regardless of the outdoor conditions.

4.3.2 EVAPORATOR TEMPERATURE

As the evaporating temperature increases for a given head pressure, the pressure
differential across the compressor decreases and the work correspondingly decreases.
With the capacity held constant, the COP then increases as the evaporator temperature
increases. This trend can be seen in Figure 4.8. There is no characteristic horizontal
section of this curve because the evaporator conditions do not affect the head pressure.
Even if the ambient temperature was below that which fixed the head pressure, the COP

curve would retain the same shape.
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system.
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Figure 4.8 COP as a function of evaporator temperature for a fixed head pressure system.
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4.3.3 PERFORMANCE CURVES

The refrigeration systems were modelled as steady-state systems since the transient
effects are small and are neglected. The steady-state program was used in order to
generate performance curves based on ambient and evaporator temperature. These
performance curves were then curve-fit to derive the performance equations that were
input to the annual simulation program. Because in practice the evaporator temperature is
known and the ambient temperature changes continuously, the performance curves were
variable in ambient temperature for fixed values of the evaporator temperature. Figure

4.9 shows the performance curves that were curve-fit to solve for the performance

equations.
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Figure 4.9 Performance curves for the fixed head pressure system.
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Appendix B contains the steady-state model, a steady-state solution, and the steady-state

performance equations that were input to the fixed head pressure annual simulations.

4.4 CHAPTER SUMMARY

Fixed head pressure systems are systems that artificially keep the condensing pressure at
some minimum value as the ambient temperature falls. The reasons for keeping the head
pressure at some set point is to ensure proper system operation. The method of fixing the
head pressure, and the inefficiencies associated with each method were discussed. Since
the steady-state model assumes no work input to maintain the head pressure at the fixed
value, it represents a conservative solution. It was shown that the fixed head pressure
performance curves are independent of ambient temperature below a certain point. To
increase the COP of the fixed head pressure system, the ambient temperature could be
lowered, or the evaporator temperature raised. This concept is referred to as decreasing

the "thermal" lift of the cycle.
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CHAPTER

FIVE

FLOATING HEAD PRESSURE

Floating head pressure systems provide a performance improvement over fixed head
pressure systems at low ambient temperatures. Floating head pressure systems utilize the
low condensing pressure associated with low ambient conditions to further improve the
COP. In this manner, they eliminate the inefficiencies associated with fixed head
systems. This chapter investigates the concept of floating head pressure and compare the

performance results to the fixed head pressure system.

5.1 FLOATING HEAD SYSTEMS

The components of the floating head pressure system are shown in Figure 5.1, and are
identical to those for the fixed head pressure system. In fact, at ambient temperatures

above those which cause the fixed head pressure system to maintain the set point, the two
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systems act exactly alike. It is only at low ambient conditions that the floating head
pressure system becomes effective. The floating head pressure system utilizes expansion
valves that allow for greater extremes of operation. The expansion valves have greater
capacity and offer a decreasing resistance for a decreasing pressure differential [1]. In
this way, an adequate refrigerant flow rate can be maintained at low pressure
differentials. For the steady-state model that was developed, it was assumed that the
head pressure was allowed to "float" continuously with the ambient conditions without
degrading the system performance. The steady-state model, and solutions to this model

are included in Appendix C for reference.
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Figure 5.1 System diagram for a floating head pressure system.
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5.2 RESULTS AND TRENDS

The reasons the floating head pressure systems outperform the fixed head pressure
systems at low ambient temperatures is directly related to the condensing pressure. At
low ambient temperatures the fixed head pressure system maintains a constant head
pressure while the floating head system allows the condensing pressure to fall. This
decrease in pressure affects the compressor in two ways; the discharge pressure is
decreased, and the refrigerant flow rate is decreased. Both these factors combine to

reduce the compressor work and therefore increase the COP.
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Figure 5.2 Pressure - Enthalpy diagram for a floating head pressure system at low ambient

temperatures. The solid lines refer to a floating head pressure system, while the dashed
lines represent a fixed head pressure system.
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Referring to Figure 5.2, this "double" affect of the lowered condensing pressure can be
seen. The compressor discharge pressure is lowered, point 1 as compared to point 1',
reducing the compressor work, and there is additional capacity per pound of refrigerant
(point 4 to point 4'). The added capacity per pound of refrigerant circulated results in a

decreased flow rate for a fixed capacity simulation (capacity is defined as mpef * (hs -

hy)).

Like the fixed head pressure systems discussed in Chapter 4, the COP of the floating
head pressure system only depends on the ambient temperature and the evaporator
temperature. The other three parameters (compressor isentropic efficiency, condenser
flow rates, and condenser size) that would have affected system performance have been
set to the same values as those for the fixed head system. Figure 5.3 shows the
relationship between the COP and the ambient temperature for the fixed head and the

floating head pressure systems.

Figure 5.4 shows the relationship between the two systems as a function of evaporator
temperature for an ambient temperature of 40°F, which is below the critical fixed head
pressure value. At higher ambient temperatures (above the set point), the two system

COP curves would coincide.
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Figure 5.3 COP comparison for the fixed head pressure and floating head pressure systems as a
function of the ambient temperature.
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Figure 5.4 COP comparison as a function of the evaporator temperature for low ambient temperatures.
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5.3 PERFORMANCE CURVES

With the ambient temperature and evaporator temperature effects derived, the
performance curves for the floating head pressure system can be evaluated. Similar to the
fixed head pressure system, the performance curves were variable in ambient temperature
for fixed values of the evaporator temperature. Figure 5.5 shows the performance curves
that were used to generate the performance equations for the annual simulations. The

performance equations are listed in A}ﬁpcndix C.
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Figure 5.5 Performance equations for the floating head pressure system.
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5.4 CHAPTER SUMMARY

Floating head pressure systems represent an improvement over fixed head pressure
systems at low ambient temperatures. Through improved components, the floating head
pressure systems can modulate with the ambient at temperatures below which cause the
fixed head pressure systems to become set. In this manner, floating head pressure
systems eliminate the inefficiencies associated with fixed head pressure systems. The
trends that affect system performance were discussed and the floating head pressure

performance equations were developed from the steady state model.
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CHAPTER

SIX

AMBIENT SUBCOOLING

Ambient subcooling refrigeration systems utilize a small heat exchanger downstream of
the condenser that interacts with the ambient. The small heat exchanger provides
additional cooling to the saturated liquid refrigerant exiting the condenser that allows the
ambient subcooling system to outperform the floating head and fixed head systems. This
chapter investigates the performance of the ambient subcooling systems and discusses the

parameters that affect the system performance.

6.1 AMBIENT SUBCOOLING SYSTEMS

Ambient subcooling systems outperform floating head pressure and fixed head pressure
systems due to the presence of an additional heat exchanger which allows for increased

heat rejection to the ambient. The heat exchanger or subcooler subcools the saturated
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liquid refrigerant leaving the condenser. The method of providing ambient subcooling
can be one of two types. The subcooler and condenser can be combined in an oversized
condenser, or the subcooler can be a separate heat exchanger located downstream of the
condenser. For steady-state modelling, it was assumed that the heat exchanger was a
separate unit and consisted of a cross-flow heat exchanger with subcooled liquid
refrigerant and ambient air as the two fluids. The cooling air flow rate across the
subcooler was assumed to be in proportion to the condenser cooling air flow rate; 3800
1bm air / hr / ton of refrigeration [1]. In practice, the subcooler is usually sized to provide
15 degrees of subcooling at design conditions [2]. The subcooler was modelled using
the LMTD approach as discussed in Section 3.2.1. For the steady-state model, the
subcooler UA size was chosen so that it provided 15 degrees of subcooling at an ambient
temperature of 80°F and an evaporator temperature of -20°F. The subcooler UA was
found to be about one-twentieth the size of the condenser for the design parameters

chosen. The ambient subcooling system diagram is shown in Figure 6.1.

6.2 RESULTS AND TRENDS

The ambient subcooling system was compared against the two systems previously
discussed; fixed head pressure and floating head pressure. Because the head pressure of
the ambient subcooling system can either "float" or be "fixed" at low ambient
temperatures, two ambient subcooling steady-state models were developed and compared

against their equivalent non-subcooled system.
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Figure 6.1 System diagram for an ambient subcooling system.

6.2.1 AMBIENT SUBCOOLING WITH FLOATING HEAD PRESSURE

Ambient subcooling systems with floating head pressure outperform standard floating

head pressure systems over the range of ambient temperatures studied. The increased

performance of the ambient subcooling system is due to the subcooling at the expansion

valve inlet. Subcooling allows the refrigerant to enter the evaporator with a lower quality

than the systems previously discussed. The lower quality of the refrigerant at the

evaporator inlet allows for a higher refrigeration capacity per pound of refrigerant

circulated. For a fixed caseload simulation, this implies that the refrigerant flow rate was
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decreased. The head pressure of the ambient subcooling system was slightly lower than
that of the floating head pressure system due to a decrease in the condenser heat transfer
(about 10% reduction at design conditions). The combined effects of the lowered head
pressure and decreased refrigerant flow rate cause a decrease in the amount of work
supplied to the compressor. The ambient subcooling cycle is shown on a Pressure-

Enthalpy diagram in Figure 6.2

The increase in refrigeration capacity per pound of refrigerant circulated can be seen as
the enthalpy difference between points 4 and 4' in Figure 6.2. This increase in capacity
also equals the amount of subcooling. The amount of subcooling is defined as the

enthalpy difference between the saturated liquid line at the head pressure and point 3.
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Figure 6.2 Pressure - Enthalpy diagram for an ambient subcooling system. The solid lines refer to the
ambient subcooling system, the dashed lines refer to the floating head pressure system.
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Because the head pressure of the ambient subcooling system is only slightly lower than
that of the floating head pressure system, the increased COP is mainly due to the amount
of subcooling. Figure 6.3 shows the amount of subcooling as a function of the ambient
temperature. The degrees of subcooling as a function of the ambient temperature is
parabolic in nature, but the amount of subcooling does not change much. The reason for
the small change in the amount of subcooling is that both the condensing temperature and
the subcooled temperature are affected by the ambient conditions as described by the
LMTD heat exchanger relations. Because the ambient subcooling system provides an
almost constant amount of subcooling regardless of the ambient temperature, the COP of
the ambient subcooling system was about 10% higher than that for the floating head

pressure system over the range of ambient temperatures.
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Figure 6.3 Degrees of subcooling as a function of ambient temperature for an ambient subcooling
system employing floating head pressure.
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Figure 6.4 COP as a function of ambient temperature for systems employing floating head pressure.

6.2.2 AMBIENT SUBCOOLING WITH FIXED HEAD PRESSURE

Similar to the fixed head pressure systems discussed in Chapter 4, the ambient
subcooling system with fixed head pressure "floats" with the ambient conditions as long
as the head pressure is above some set value. Below the set point, the condensing
pressure and therefore the subcooler pressure, is fixed at the set point. However,
because the condensing temperature becomes fixed at low ambient temperatures, the
potential for subcooling increases as the ambient temperature falls. The amount of
subcooling then increases as the ambient temperature falls below the set point for the
fixed head system. This is in direct contrast with the ambient subcooling system
employing floating head pressure. The results can be seen in Figure 6.5. It should be

noted that the Pressure-Enthalpy diagram for the ambient subcooling system operating



58

under fixed head conditions would look similar to Figure 6.2, except the head pressures

of the two systems would be identical.
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Figure 6.5 The amount of subcooling as a function of the ambient temperature for an ambient
subcooling system employing fixed head pressure.

The increase in subcooling lessens the negative impact of the fixed head pressure
mechanism. Referring to Figure 6.6, the standard fixed head pressure COP becomes flat
as the set point is reached. The COP of the ambient subcooling system with fixed head
pressure continues to climb due to the increase in the amount of subcooling. The impact
of the fixed head ambient subcooling increases as the ambient temperature decreases.
Similar to the fixed head pressure curves discussed in Chapter 4, the ambient subcooling
system curves with fixed head pressure has the characteristic change in slope at the set

point.
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Figure 6.6 COP as a function of ambient temperature for systems employing fixed head pressure.

6.3 PERFORMANCE CURVES

The ambient temperature and evaporator temperature effects on system performance have
been shown. Using these trends, the performance equations of the ambient subcooling
system can be derived. As discussed in previous chapters, the performance equations
were variable in ambient temperature for set values of the evaporator temperature. The
fixed head and floating head pressure ambient subcooling performance curves are shown
in Figure 6.7. It was these curves that were used to generate the performance equations.
The steady-state models, solutions and performance equations are included in

Appendix D.
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Figure 6.7 Performance curves for the fixed head and floating head pressure ambient subcooling
systems

6.4 CHAPTER SUMMARY

Ambient subcooling systems outperform fixed head pressure and floating head pressure
systems over the range of ambient temperatures studied. Increased performance is due to
the addition of a subcooler located downstream of the condenser. The subcooler rejects
heat to the ambient, and provides 15 degrees of subcooling at design conditions. The
increased heat rejection to the ambient is the reason for the higher COP. The ambient
subcooling steady-state model was developed and discussed. From this model, it was

discovered that ambient subcooling with floating head pressure slightly outperforms
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floating head pressure systems, and that ambient subcooling with fixed head pressure is
especially effective at low ambient temperatures as compared to standard fixed head
pressure systems. The performance equations for the annual simulations were then

developed from curve-fitting the derived performance curves.
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CHAPTER

SEVEN

DEDICATED MECHANICAL SUBCOOLING

The COP of refrigeration can be increased beyond that which is possible through ambient
subcooling by a process called mechanical subcooling. Mechanical subcooling cycles
employ a second vapor compression cycle that is coupled to the first cycle through a
subcooler located at the exit of the condenser. The subcooler provides approximately 70
degrees of subcooling to the main cycle condensed liquid at design conditions and acts as
the evaporator for the second cycle [1]. Because the second cycle provides a lower
temperature sink for the subcooler heat transfer than the ambient, the mechanical
subcooling system is especially effective at high ambient temperatures and low evaporator
temperatures. The second cycle components are a fraction of the size of the main cycle
components and act through a much smaller temperature extreme. For these reasons, the
COP of the second cycle is quite high. With the small second cycle equipment sizes and

high COP, the overall COP of the cycle is increased. This chapter discusses in detail the



mechanical subcooling cycle, performance, and the parameters that affect system
performance. From the trends that are developed, recommendations and design

guidelines for the mechanical subcooling system are developed.

7.1 DEDICATED MECHANICAL SUBCOOLING SYSTEMS

Mechanical subcooling has been used in refrigeration practice for approximately 25 years,
and is used primarily in low temperature applications [1]. Mechanical subcooling can be
accomplished by using some of the capacity of a medium temperature system or by the
use of a separate cycle. Dedicated mechanical subcooling implies that a second vapor
compression cycle is used solely for the purpose of providing subcooling to the main
cycle. This chapter deals exclusively with dedicated mechanical subcooling. The
dedicated mechanical subcooling system diagram is included as Figure 7.1.

The second cycle, or the subcooling cycle, is modelled like the first cycle. The
compressor is solved using the concept of isentropic efficiency, the air-cooled condenser
is modelled using the LMTD approach, and the refrigerant in the valve is assumed to
undergo an isenthalpic expansion. The only difference between the two cycles is the
presence of the subcooler. The compressor isentropic efficiencies are assumed to be
identical, and the condenser cooling air flow rates have the same ratio. The cooling air
flow rates were set to 3800 Ibm air / hr / ton of refrigeration [2]. The tons of refrigeration
referred to is the evaporator load in tons. For the subcooling condenser, the subcooler
heat transfer in tons was used for the determination of the cooling air flow rate. The

subcooler heat transfer is used for determination of the subcooling condenser cooling air
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flow rates because the subcooler represents the evaporator for the subcooling cycle. For
the steady-state model, the subcooler was assumed to be a concentric-tube, counter flow
heat exchanger. The equation for the LMTD of this heat exchanger is the same as that for
the condenser. Since the subcooling cycle refrigerant is evaporating in the subcooler, its
specific heat is effectively infinite. Therefore, the minimum capacitance rate for the heat

exchanger relations was that of the main cycle subcooled refrigerant.
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Figure 7.1 System diagram for a dedicated mechanical subcooling refrigeration system.
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In Chapter 6, the effect of subcooling on performance was discussed. The COP was
found to increase with subcooling due to the lower quality at the evaporator inlet. The
lower quality at the evaporator inlet decreases the refrigerant flow rate for fixed caseload
simulations. Dedicated subcooling provides for about 70 degrees of subcooling at design
conditions. For this simulation, the subcooler was sized to provide 70 degrees of
subcooling at an ambient temperature of 80°F and an evaporator temperature of -20°F.
This represents an increase in subcooling of approximately 55 degrees over an ambient
subcooling system for the same ambient and evaporator temperatures. The relatively
large amount of subcooling performed for the dedicated system corresponds to a large
increase in the capacity per pound of refrigerant circulated. However, the increase in
subcooling is not without cost. To provide the extra subcooling, a small subcooling
cycle compressor must be run. Therefore, there is a tradeoff between the extra
subcooling provided by the second cycle and the work that must be supplied to the

compressor. The COP’s of the dedicated cycle can now be defined as:

COPgystem = Capacity | (Weomp main + Weomp,sub) (7.1)
COP yyin = Capacity | Weomp main (7.2)
COPgyp = Qsubcooter /! Wcomp,sub (7.3)

The subcooling cycle evaporator temperature must effectively lie between the main cycle
evaporating temperature and the main cycle condensing temperature. In practice, the
subcooling cycle evaporator temperature is approximately 50 degrees higher than the
main cycle evaporating temperature [1]. The amount of subcooling in the subcooler

depends on the heat rejection temperature.
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For the dedicated system, the subcooling cycle evaporator temperature represents the
temperature to which heat is rejected. Since the subcooling cycle evaporator temperature
is usually much lower than the ambient temperature, it is possible to subcool to a greater

extent with the dedicated subcooling system than with the ambient subcooling system.

The COP of the subcooling cycle (Eq. 7.3) is appreciably higher than that of the main
cycle due to the lower temperature extremes. The Pressure-Enthalpy diagram for the
dedicated subcooling system is shown in Figure 7.2. The main cycle must operate
between the evaporator temperature and the condensing temperature, while the
subcooling cycle must operate between the subcooling cycle evaporator temperature
(which is approximately 50 degrees higher than the main cycle evaporating temperature)
and the subcooling cycle condensing temperature. Referring to Figure 7.2, the difference
between the thermal lift of the two cycles can be viewed. The condensing temperatures
of the two cycles are close because both condensers interact with the same ambient
conditions. Combining the high COP with the fact that the subcooling cycle components
are about 1/5 the size of the main cycle components, the work supplied to the subcooling
compressor becomes only a small part of the total work. Therefore, the COP of the
combined system is increased due to the large amount of subcooling done and the
relatively small amount of additional work. Refer to Figure 7.3 for a comparison of the

component heat flows as a function of the ambient temperature.
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